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SUMMARY

The objective of this work is to evaluate the new product potential
of high specific output, high-speed diesel engines. The research,
which was undertaken on the Stafford site of Dorman Diesels Limited,
considers technical and commercial aspects of the problem. As such,
the project is an example of applied, rather than pure research,
seeking to elucidate a multi-dimensional problem of direct interest
to the sponsor.

Several methods have been successfully used to increase specific
output. The design principle employed for this study was to increase
the maximum brake mean effective pressure (bmep) by using a high
level of turbocharge. Mechanical loads were contained by lowering

the compression ratio. Typically, the most highly rated, commercially
available engines operate at bmep's of 14 to 16 bar. This project
assesses the feasibility of a current Dorman engine operating at a
bmep of 21 bar at fixed speed.

A review of literature was followed by a design study which made use
of computer-based engine performance and heat conduction models new
to the company. This led to the specification of a research engine
which was constructed and operated successfully in the sponsor's
development facility.

The technical study was used to form a rudimentary product profile

as the basis of a limited assessment of market potential. Consideration
was given to the compatibility of the concept with current engine
applications, and the suitability of corporate skills and other
resources. The broad product characteristics were compared with the
needs of identified market segments.

The concept was found to have only limited potential compared with
current engine designs, which find almost universal usage.

The project has increased the company's experience and data base,

thus allowing more rational decision-making on the future of high
output engines in the Dorman product range.
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CHAPTER 1

INTRODUCT ION

1.1. Introduction

This opening chapter discusses the background against which the
research was initiated. An historical review of diesel engine
progress is given, followed by an account of present day activity.
The chapter closes with a description of the sponsoring organisation

and the Interdisciplinary Higher Degrees Scheme.

1.2. Historical Perspective

The first engine to operate successfully on the compression-
ignition principle did so for the first time on 17 February 1894.
It was designed by Dr. Rudolf Diesel and was built and developed
under his supervision at the workshops of Maschinenfabrik of
Augsburg (1). The first diesel engine achieved fuel injection by
forcing fuel and compressed air through a nozzle arrangement. It
was not until 1908 that Prosper L'Orange perfected an injection
system without air compression whilst working for Benz of Mannheim.
Despite the early problems, commercial interest in the new prime
mover was immediate, companies such as Sulzer Brothers, Deutz,
Krupp and Mirrlees being the first to hold manufacturing licences,

Initially, the diesel engine was seen as a cheaper, more efficient



and compact replacement for the steam engine, It was soon in demand
for electricity generation, marine propulsion and industrial power,

and by 1904 was being developed as a potential aeroplane engine .

In 1915, a Swiss engineer, Dr. Alfred Buchi, patented a system
which incorporated a diesel engine charged by an axial compressor
which was driven by an axial turbine in the exhaust stream of the
engine. This stated the principle of exhaust turbocharging as it is
widely used today (2). Initial experiments produced a 50 per cent
increase in specific power output readily, whilst for short periods,
an increase of 100 per cent was attainable. The benefits of exhaust
turbocharging, namely reduced capital outlay, size and weight per
unit power output encouraged its acceptance by many of the user
industries. The first commercial application of the exhaust turbo-
charged diesel engine was in two passenger ships of the East Prussian
service. Buchi further contributed to the development of turbo-
charging in 1925 when he patented the pressure wave process, today

known as pulse turbocharging (3).

Low and medium speed engines require large quantities of charge
air and consequently, relatively large turbochargers. The size factor
is very relevant to turbocharger design : the smaller the rotor
diameter of axial designs, the more significant tip leakage and fluid
friction losses become, resulting in poor efficiency (4). For this
reason, the most suitable design for smaller, high speed engines is
the radial turbine and compressor. It was not until about 1955 that
cheap, reliable and efficient cast steel radial flow turbine rotors

became available. In the period since then the turbocharger has become

widely accepted by users of the high speed diesel engine.



1.3. The Diesel Industry Today

The power range covered by the diesel engine, approximately 2 kW
to 36 MW is wider than that of any other prime mover. The design
variations are numerous : two or four stroke cycle, direct or indirect
injection, low, medium and high speed, light distillate through to
heavy fuel oils ; the only unifying element is that combustion occurs
spontaneously by injecting fuel into hot, compressed charge air. The
most widely used classification is based on the working speed of the
engine, Low speed engines generally operate at the propellor speed
of large vessels (100-250 rev/min). Above this well-defined group are
medium and high speed engines, the division of which is widely accep-

ted as 1000 rev/min.

The prosperity of many parts of the diesel engine industry is
largely determined by macro-economic factors such as national growth
rate, trade cycles, levels of public expenditure, industrial invest-
ment and world oil prices ; therefore it is dynamic and ever—changing.
Currently, the world recession in ship-building is having a severe
effect upon the makers of low speed marine propulsion engines, forcing
them to find other markets, notably stationary power generation plant.
In the high speed diesel class, new automobile engine designs are
beginning to displace the petrol engine, a causal factor being the
good fuel economy of the diesel engine at a time of sharply rising

fuel costs,

The world market for diesel-powered generating equipment is worth

between £150m and £200m per annum. A high proportion of British



generator set production is exported, especially to developing
African and Middle Eastern states which do not have a national
electrigal grid system. This market is particularly sensitive to
factors beyond the control of the engine manufacturer. Fluctuation
in demand has arisen in the past for a variety of reasons : import
tariffs, currency exchange rates and political upheaval being
notable examples. The home market is also variable and appears to
depend largely on the level of building construction and public
spending. There are approximately 250 diesel engine manufacturers
throughout the world making some 5000 different designs. World
production in 1977 was almost 6 million engines valued at £7500m (5).
A breakdown of production for 1977 by application and brake horse

power, excluding the Soviet bloc and China is given in Figure 1.1,

1.4. Background to the project

The specific power output of high-speed diesel engines has risen
steadily since the introduction of turbocharging. Engines developed
for fighting vehicles (6)(7) have shown that very high specific
power is achievable by this method. The demands for high power,
lightness and compactness are very severe, to maximise the vehicles'
mobility in action. Engines developed for the main battle tank
typically produce 2.5 to 3.5 times the power available from a

naturally aspirated engine of the same swept volume,

The most highly rated commercial engines currently available
are moderately turbocharged, giving a little over twice the power
of a naturally aspirated equivalent. The benefits of turbocharging

are not only a reduction of specific size and weight, but also a



reduction of specific cost. The reason for this is straightforward
the cost of the turbocharger and other parts required to uprate a
naturally aspirated engine is proportionately less than the resulting

increase in power. This cost structure is demonstrated in Figure 1.2,

This project was initiated in 1977 against a background of
continually rising commercial engine ratings. The original terms of
reference were to design and develop a high output variant of the
Dorman "LE" engine to operate up to a brake mean effective pressure

(bmep) of 3001bf/in® (20.7 bar).

The engine had to employ a fixed compression ratio and use
single-stage turbocharging, if feasible, in preference to multi-
stage schemes. Recognising the inadequacy of this brief, further
discussions were held with the sponsor. It was agreed at that stage
that the company were interested in the commercial rather than the
military potential of highly turbocharged variants of existing
ranges. Furthermore, they were not primarily interested in an engine
developing a bmep of 21 bar, but more in the knowledge and experience
that this would generate. Finally, if they did not market engines of
such a high rating, it was hoped that there would be benefits or
"spin-off" from the programme for the company's existing range of

engines.

1.5. Froject Philosophy

It was decided to approach the research from both technical and
commercial standpoints. Although a commercial study was not specified

in the terms of reference, for many reasons its inclusion was impor-=



tant. The objective was to assess the level of business opportunity
that the high output concept might offer the company. This would
involve evaluation of production costs and market need, all of which
help to create market awareness, which should influence the solution
of the technical problems. This emphasises the nature of industrial
projects which are rarely amenable to a strictly one-dimensional
approach. The final business objective, to generate profits through
the satisfaction of human needs, involves the dismantling of trad-
itional disciplinary boundaries. The commercial study was introduced
on the premise that, whilst consuming valuable time, it would be
more than compensated for because of the greater market orientation
of the technical study. The technical work was initiated at the start
of the project because of the long lead times anticipated for certain
components from outside suppliers. Commercial work was spread over
the duration of the project with the occasional extended study. A
flow diagram showing the structure of the thesis is given in Figure

1,34

1.6. The Company

This research project was sponsored by and undertaken on the
premises of Dorman Diesels Limited, of Stafford. Dorman is a division
of GEC Diesels Limited which is one of several large groupings within

GEC Limited.

The company have a long history of designing and manufacturing
internal combustion engines. Their earliest designs were spark-
ignition engines, the change in emphasis coming in the 1920's when

the introduction of tax on petrol created the economic incentive for



the development of small, high-speed diesel engines. Dorman have
never produced engines in large quantities, their "reputation"
being for a quality product adapted to suit the customers' require-

ments,

Until the last decade, Dorman had sold to a wide range of markets,
with marine propulsion, construction, rail traction, earth-moving and
industrial applications all taking significant numbers of engines.
Throughout the 1970's, Dorman have been very heavily committed to
supplying the generating set market which was particularly buoyant

around the middle of the decade.

Dorman market engines in the range 35-750 kW, an area which has

become highly competitive during recent years.

1.7. The Interdisciplinary Higher Degrees Scheme

The Scheme was established in 1969 to further the ideals of the
Swann Report. This said that many graduates were insufficiently
attracted to industry, for various reasons. The report called for
bold experimentation with the Ph.D. in relation to industry. An
objective of the IHD Scheme at the University of Aston in Birmingham
is to provide postgraduate training, partly in industry, of a broad
nature, as distinct from more specialised education in, for example,

Engineering Science, or Business Studies.

The training is organised around a project in industry. The
student has a steering committee of University and company super-

visors to whom he reports at regular meetings. The University is



attended for sessions of coursework, consultations with tutors, and
library research. The coursework consists of a series of lectures
arranged to occupy three or four days every month. These are
generally given by visitors from industry, providing first-hand

experience of a range of relevant subjects.

It is the aim of the Scheme that graduates will be well-adapted
to industrial management, having an awareness of some of the many
areas that impinge upon it, and having had some experience of project

management in industry.
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CHAPTER 2

REVIEW OF LITERATURE

- "There have been so many publications recently in technical
periodicals of all languages, on the construction of the
Diesel engine and its various types, that is is hardly

possible to give any fresh information on the subject."

Dr. Rudolf Diesel, March 1912,

31



Chapter 2

REVIEW OF LITERATURE

2.1. BSources and Searches

The diesel engine has been an important prime mover for over
seventy years, and during that time has been the subject of a great
deal of research and development. Industry, universities and research
organisations have all contributed to our understanding of its
complex processes. Studies have ranged from the development and
analysis of single components to the design and development of whole
engines. Thus, the available literature on diesel engine technology

is comprehensive,

During the course of the project, literature searches were
undertaken on technical and commercial subjects, A general search
of high specific output technology and related titles was performed
by the libraries of the Institution of Mechanical Engineers, and
Ricardo and Company (1927) Limited. Further searches were made of
the published papers of the Society of Automotive Engineers, the
Diesel Engineers and Users Association, the International Congress
on Combustion Engines (CIMAC) and others. The leading journals
relating to diesel engines have been retained over many years by
the libraries of GEC Diesels Limited. Where relevant, these were
consulted. A formal patent search of the years 1968 to 1978, for
the U,K. was performed o. *he GEC Patents Office. This examined the
patents filed by

1. Teledyne (< tirental Motors ;

2. Rolls Royce Limited ;
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3. The Garrett Corporation ;
4. Volvo Limited ;
and 5. Motoren-und Turbinen Union (MTU).
for those concerned with high output technology. This, in fact,
was unproductive. Other patents have been obtained by searching the

abstracting journals,

There are a large number of potential sources of literature.

Those used during the project are listed below.

Sources of Literature

The Institution of Mechanical Engineers
Library
Conference Papers
Proceedings
Society of Automotive Engineers (USA)
Diesel Engineers and Users Association
American Society of Mechanical Engineers
International Congress on Combustion Engines (CIMAC)
Motor Industry Research Association (MIRA):
Abstracting service
Ricardo and Company (14927) Limited
Library
Patents Abstracts
British and ISO Standards
Index to British Theses

Diesel and Gas Turbine Worldwide Catalogue
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Journals

Diesel and Gas Turbine Progress Worldwide
International Power Generation
Automotive Engineer

The Transport Engineer

Diesel Engineering !

Gas and Oil Power

Motor Transport

Marine Engineering/Log

Railway Gazette

Brown Boveri Review

2.2. High Specific Output Engine Design and Development

Specific power output may be defined in geveral ways :
power per unit weight (power/weight ratio), power per unit bulk
volume, and power per unit cost are three examples. Brake mean
effective pressure (bmep) indicates the degree of utilisation of
cylinder capacity and is often used as a surrogate for specific
power, since for an engine of given weight, size and cost, at a

given speed, specific power will be directly proportional to bmep.

Internal combustion engines transform the chemical energy of the
fuel into mechanical work. This transformation is possible only if a
suitable quantity of air is made available for combustion. It is,
therefore, axiomatic that each increment of power must be accompanied

by an increment of air flow unless a lower air-fuel ratio is feasible.
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Martin and Wright (8) identified three methods of providing
increased power based on greater air flow. These are listed below.
1. Increased engine displacement
2. Increased engine speed

3. Increased charge density.

The first involves an increase of swept volume, either by using
a larger cylinder or by having more cylinders per engine. This simply
means using a larger engine, and will not, per se, increase specific

power since weight, size and cost will also increase,

Increasing engine operating speed as a means of increasing
specific output may provide relatively small gains but will be
limited ultimately by piston speed constraints. Mansfield (7)
discussed the question of engine speed increase and suggested that
the disproportionate increase of pumping work, frictional losses
and noise were a real disadvantage. A greater problem would be
matching the engine speed to market applications. Engines are
designed initially to provide a specified output at a given speed
or speed range, for example, 1500 and 3000 rev/min for 50Hz power
géeneration. Raising power output by increasing engine speed will
usually be commercially non-viable, especially since the use of

reduction gears is unacceptable for many applications.

The third means of increasing power output does make possible
an increase of specific power Jjudged on weight, size or cost basis.
Increasing charge density is readily achieved by the use of

relatively cheap, compact and reliable turbochargers, Kamo (9)

15



posed the question '"What degree of turbocharging makes economic
sense from a standpoint of size, weight, cost, life, performance
and sociability ?'" He proceeded to define three classes of
turbocharged diesel engine based on the bmep.

1. Class I up to a bmep of 1401bf/in® (9.7 bar)

2, Class II 140 to 2201bf/in?

3., Class III above a bmep of 2201bf/in? (15.2 bar)

Kamo described many problems to be solved when extending the
capability of a Class II engine into Class III. The inevitability
of reducing compression ratio to limit gas pressures, and hence
mechanical load, would lead to reduced startability and the need
for start aids, and the emission of unburned hydrocarbons (white
smoke) on light loads. A further disadvantage would be a deterior-
ation of drivability because of turbocharger lag. Kamo was
considering the Class 1I1 engine for vehicular use only, and
reviewed several approaches offering high specific power. These
are

1. Variable compression ratio
2, Fixed low compression ratio
3. Fixed very low compression ratio (hyperbar charged)

and 4. Constant pressure combustion cycle.

He concluded that the use of a fixed "low" compression ratio

with the addition of a starting aid represents the most attractive

solution. In support of this argument he suggested that existing
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designs and production tooling could be used as the basis for very

wide power ranges, i.e. from “lass I through to Class III.

Volvo began a programme of high specific output research in
1970 when they developed an experimental engine known as XD 96.
This was based on an existing commercial engine which produced
230 BHP (172 kW) at the same speed, employing a 12 : 1 compression
ratio (10). Kamo (9) suggested that high specific output engines
could be used to fill gaps in a company's power range, and this is
what Volvo did in 1975, based on about five years of research and
development. For the British market, Volvo felt that their F88
chassis was underpowered, and to overcome that, they launched the
TD100O engine, highly turbocharged and with a compression ratio of
12 : 1 (11). That was the lowest compression ratio used by a
commercial engine, and remains so today. For engines of the capacity
used in heavy trucks, 13 : 1 is broadly accepted as marginal for
reliable starting, therefore the problem facing Volvo was not
inconsiderable, especially when we consider the arduous duty and
the wide variation of maintenance standards that the truck engine
must meet. The problem was solved by using two techniques. Firstly,
the engine air intake was fitted with an electrical resistance
heater powered by the vehicle's batteries. This was operated
manually for one minute prior to cranking in order to heat the
mass of charge in the manifold. The second innovation was to
incorporate a back pressure regulator immediately downstream of
the turbocharger turbine, This restricts the flow of gas from the
engine, allowing a proportion of spent gases to remain in the

cylinder to heat the next fill. Starting is not the only problem
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associated with low compression ratio engines : both idling and
light loads cause difficulties because of the low turbine energy
and consequently low boost temperature giving low compression
temperatures and rough combustion. Volvo use the back pressure
regulator to ease this problem also, by restricting the exhaust

to raise the load on the engine.

Mansfield (7), whilst working for the British Internal
Combustion Engine Research Institute, did a great deal to increase
understanding of highly turbocharged, high specific output diesel
engines. He concluded that turbocharging was the most attractive
means available for increasing specific output. An interesting
observation made by Mansfield was that in high specific output
combustion systems, air movement in the chamber is neither
necessary nor desirable. A corollary to that is a reduction in
convective heat transfer and hence reduced thermal load and smaller
cooling equipment. Unfortunately, no hypothesis for the success of
low swirl in this type of engine was proposed. The observation was,
however, supported by research at Continental Motors on the AVCR
1100 military engine. Mansfield put forward a cogent argument that
thermal loading is not directly related to bmep. He suggested that
since the mean heat transfer coefficient and the mean gas-to-metal
temperature differential were the determinants of heat flux then,
under low compression ratio and normal air-fuel ratio operation,
heat transfer would be comparable to a conventional engine, The
two central points are that compression ratio controls cylinder
pressure and that, in turn with air motion, largely determines
the heat transfer coefficient, Therefore, if compression ratio is

lowered to maintain normal pressures whilst air motion is reduced
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or unaltered, the mean heat transfer coefficient must be similar

to, or lower than that for the base engine at normal ratings. The
second point relates to the mean gas temperature which is largely
determined by air-fuel ratio ; since this must be comparable to that
of the base engine for performance reasons, then so too must mean

gas temperature. The suggestion that thermal load may be reduced

by using a high air-fuel ratio has also been made by Kamo (9). The
Obvious disadvantage of increasing air-fuel ratio is the accompanying
increase in charging pressure giving higher mechanical load or the

need for a further reduction of compression ratio,.

The relationship between compression ratio and thermal efficiency
has been widely debated since the use of "low'" ratios became
attractive. Mansfield made two observations : firstly that frictional
losses are substantially independent of bmep, so mechanical
efficiency is increased, and secondly, that the possibility of
removing heat during the compression process, i.e, after the

compressor, reduces the compression work.

Tholen and Killman (12) studied the characteristics of high
specific output operation using air-cooled diesel engines. They
also noted that mechanical losses did not increase in proportion
to bmep at constant speed. They suggested that as the clearance
volume is increased to limit peak pressure, the '"dead" space
becomes less significant. This may not be true, however, in engines
that employ a wide valve-overlap period and deep recesses in the

piston crown or in the cylinder head.
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2.3. Turbocharging Systems

High specific output diesel engines are possible because of the
availability of reliable, inexpensive and efficient turbochargers.
The choice of turbocharging system is quite wide and will depend
ultimately on both technical and commercial criteria. A range of
possible systems is given below,

1. Single stage turbocharging with after-cooling

2. Multi-stage turbocharging with inter- and after
cooling

3. Variable geometry turbocharging

4. Turbo-compound turbocharging.

Other variables include the design of manifold connecting the
cylinder to the turbine. The choice here is between pure pulse,
pulse converter or constant pressure systems. A further important
consideration is the choice of charge cooling and coolant. The
coolant may be air, jacket water, or water from an available cold

source (57) (58).

Thus, the number of possible design solutions is large.
Fortunately, the findings of several exploratory technical studies

have been published in recent years (13)=-(21).

Watson et al. (13) concluded that the decision to use single
or two-stage (series) turbocharging depended on whether the
technical merits of the latter outweighed the cost penalty of two
turbochargers and charge coolers. Many of the published papers on

turbocharging options have discussed the subject from the
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standpoint of heavy automotive applications. These require good
torque back-up, wide flow range and smoke-free exhaust. The
requirements of a constant speed engine are somewhat different.
Brock (15), although working with medium speed engines, suggested
that even for fixed speed power generating set engines there is
a point at which two-stage turbocharging becomes the better
solution. He gave several deficiencies of the single-stage system
at high pressure ratios, and these are as follows

1. Narrow surge to choke flow range

2. Deteriorating isentropic efficiency

3. Deterioration of turbine efficiency with the

pure pulse system
4. Increasing high frequency noise from the

turbocharger.

Watson (13) found that the use of interstage cooling reduces
compressor work by lowering the temperature at entry to the second
stage. This will provide a greater pressure difference across the
engine cylinders, which is an aid to good scavenging and efficient
gas exchange. The response of a highly turbocharged engine is
generally controlled by the response of the turbocharger. Applications
such as power generation load the engine with steps of electrical
load. If the magnitude of the load step is high enough the engine may
be over-fuelled by the governor and stall before the turbocharger
has accelerated to supply the required air to the cylinders. The
transient behaviour of two-stage systems is not significantly
better than the single-stage equivalent (13) (18). Small gains may
be made by careful sizing of the high pressure stage, especially

if this can be reduced to a smaller frame size than the equivalent
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single-stage engine. A further response advantage is the lower
speed range of the high pressure stage, since some of the compression

will be achieved in the LP stage,

Combustor-assisted, parallel turbocharging (Hyperbar) was
developed by a French team in the late 1960's. The system enables
operation at very high brake mean effective pressure whilst over-
coming some of the disadvantages of more conventional solutions.
It is licensed under the name of Hyperbar and, despite its origin
as a military engine concept, is now beginning to find application
in the commercial field (53). The principle has been described in
several published sources (17) (51)-(55), and a schematic drawing
is shown in Figure 2,1.(a). The unique features are the engine air
by-pass, the combustion chamber and the turbocharger starter motor.
These three additions to an otherwise largely conventional engine
allow the turbocharger to be operated independently of the diesel
engine, i.e. as a gas turbine. The engine employs a fixed, low
compression ratio, typically between 5 : 1 and 10 : 1. Starting is
facilitated by operating the turbocharger in gas turbine mode to
create a supply of hot, compressed charge in the engine manifold,
at which time the engine is cranked and started. The by-pass permits
optimum operation of the compressor, along the line of highest
efficiency by supplementing the speed-dependent engine air flow,
This allows the use of high pressure ratio, narrow flow range
compressors normally used in small gas turbines. However, under
this regime, particularly at low speed and light load, combustion
can only be sustained by use of the combustor, thus reducing low

speed and part load thermal efficiency as shown in Figure 2.1.(b).
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Hyperbar represents a workable, although complicated solution
to some of the problems of high bmep operation (up to 30 bar) at
the expense of thermal efficiency over much of the load range. The
concept is particularly suited to applications requiring low weight

ar compactness, especially where high grade maintenance is available.

There are three systems in use for transmitting the spent gases
from exhaust valve to turbine entry. These are defined by the
pressure-time characteristic in the manifold and are as follows

1. Pure pulse
2. Pulse converted

3. Constant pressure.

The constant pressure system incorporates a high volume exhaust
receiver to damp out the pulses issuing from the cylinders, so
losing much of the kinetic energy. It is mainly applied to large
marine, or fixed speed engines rather than high speed engines

because of its large bulk and poor transient response.

Historically, the pure pulse system has been applied to the
turbocharged high speed engine. Only relatively recently have the
merits of pulse converters been explored. In the pulse system, the
blow-down pulse is encouraged to maintain its kinetic energy by
providing small diameter exhaust pipes and keeping them as short
as possible. Under high bmep operation, the pulses have a large
amplitude and are not used with optimum efficiency by the

turbine.
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A pulse converter is a carefully designed junction, bringing
together the gases from two or more cylinder groups. It incorporates
a reduction in area, often called a nozzle, in the downstream
direction, which converts some of the pressure of the exhaust pulse
into kinetic energy. This has the effect of smoothing the pulsations,
making possible an increase in turbine efficiency. By taking
advantage of the high momentum at exit from a converter the effect
of pulse interference between cylinder groups is minimised. Watson
and Holness (23) concluded that pulse converters are unlikely to
offer any performance advantage over the pulse system except for
highly rated engines, or engines with otherwise "difficult" cylinder

groupings.

2.4. Combustion and Fuel Injection

The combustion characteristics of an engine are inextricably
connected with the fuel injection system and the motion of the
charge within the cylinder. The importance of combustion in
determining engine performance cannot be overstated ; thermal
efficiency, smoke, gaseous emissions, noise, thermal and mechanical

load are all largely determined by the combustion process.

The accepted qualitative model of the processes occurring
from the start of injection through to the énd of combustion is
described in reference (24) from which Figu?e 2.2, is taken.
It is a highly generalised representation intended to demonstrate
the phases that occur. The relative magnitude of each phase may

vary widely, completely altering the shape of the diagram.
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Shipinski et al., (25) described the combustion process similarly,
defining four phases which are given below and will be dealt with
in turn,
1. Ignition delay
2. Premixed combustion
3. Vaporisation limited combustion

4. Mixing-reaction -rate -limited combustion.

Ignition delay has been the subject of a great deal of research
and there are a large number of predictive models available (26)
(27). The delay period is partly physical delay whilst the fuel
spray disintegrates into small droplets and vaporises, and partly
chemical delay, during which chemical reactions proceed so slowly
that no effect is discernible. Wolfer (28) and subsequent workers
have shown that the most important influences on delay are the
prevailing pressure and temperature in the cylinder after the start
of injection. The Wolfer expression for ignition delay is given

below. [ﬂégg]
1D 0-hhe T
pl-l9

where 1D [ns] T[K] and p [atm]

This relationship was determined from work on combustion bombs and

has since been shown to give poor correlation with some engines.,

Lyn and Valdemanis (56) concluded that pressure, temperature and
injection timing were the primary determinants of delay, whilst air
motion, fuel injection pressure and nozzle configuration have only

a secondary effect.
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The second phase is due to premixed combustion, This is
characterised by the sharp peak at the start of the heat release
diagram. In this stage, the fuel that entered the cylinder at
the start of injection, and was subsequently "prepared" by mixing
and vaporising, is rapidly consumed by spontaneous combustion
initiated at a point within the premixed air and fuel. This phase
of combustion is uncontrolled and gives rise to the high rate of
cylinder pressure rise responsible for diesel "knock" (30). It is
widely held that the proportion of fuel burned in the premixed flame
is determined by the length of ignition delay. This explains the
smooth combustion of turbocharged engines : the relatively high
compression temperatures reduce delay, and hence the magnitude of

the premixed peak.

In contrast to the premixed combustion flame, the remaining two
phases are characterised by diffusion burning taking place over
much of the chamber at the surface of each fuel droplet. Phase three
of Shipinski's model suggests that the rate of combustion is
determined by the rate at which the liquid centre of the fuel
droplets can evaporate at the surface and be consumed in the
waiting oxygen. Phase four burning depends on the evaporated fuel
finding and mixing with the remaining oxygen. This explains the

so-called '"tail of combustion".

Khan (31) found that the diffusion flame is responsible for the
formation of carbon. This may be released from the engine as soot,

which we know as unpleasant exhaust smoke. The formation of carbon

is by pyrolysis of unreacted fuel and, at a given time in the

combustion process, is being both produced and consumed. The soot
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leaving the engine will depend on the balance of production and
consumption rates, i.e. the net soot release, shown in Figure 2.3.
The proportion of fuel burned as a diffusion flame will largely
determine the density of exhaust smoke, and this was supported by
the work of Khan. As the injection timing is advanced, the delay
period lengthens, so increasing the proportion of fuel burned in
the premixed phase. Khan suggested that this was the mechanism

that causes smoke density to decrease with timing advance.

Mansfield and May (22) found that when operating at low compression
ratio, the problem of uncontrolled, premixed burning was exacerbated
by the low compression pressure and temperature, and resulting long
delay period. They tried three variations of fuel injection
impinging the fuel sprays on the wall of the chamber, introducing
approximately 15 per cent of fuel with the charge air and a small
pilot injection prior to main injection. They concluded that all
three were effective, the first less than the other two. The fuel
injection characteristic has a great influence on combustion.
However, the complexity of the processes occurring between the
start of injection and the end of combustion have prevented the
development of a reliable, quantitative model to link the two

(59) (61). ;

Burman and De Luca (60) suggest that the most important
injection characteristic is the spray duration. This is especially
true at full load, since it directly affects engine power, thermal
efficiency and exhaust smoke., They add that for a given chamber and
air motion, an acceptable upper and lower duration will exist,.
Short duration will give good efficiency and a clean exhaust,

possibly at the expense of rough running, whilst long duration
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will give poor efficiency and a smoky exhaust. For the widely

"

used " jerk" system, the controllable parameters that affect

duration are many. Table 2.1. is reproduced from reference (60).

A second, very important factor is the shape of the injection

rate diagram. Although the initial, premixed combustion phase

is uncontrolled, the second, di ffusion phase is largely influenced
by the rate of injection, at least until the point where mixing

and oxygen availability take control. Austen and Lyn (29) found that

the rate of injection during the early stages, particularly during

the delay period, influenced the rate of pressure rise.

Table 2.1 : Effects of fuel injection configuration on duration
Effect on Effect on
Change Duration Secondaries
Plunger diameter increase decrease increase

L " "

Cam velocity

Nozzle orifice area - " decrease
Tubing bore decrease o B

Tubing length M 71 A
Trapped fuel volume 2l 4 4

Nozzle opening pressure increase 5 indefinitive
Needle inertia(mass) decrease i decrease

Needle 1ift ’ i :

Delivery valve retraction
volume increase | indefinitive

2.5. Engine Cooling and Thermal Load

It is a consequence of the second law of thermodynamics that

when heat is taken from a hot source to produce work, some of that
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heat must be rejected to a cold sink. The hot source in an
internal combustion engine is the release of chemical energy

from the fuel, and the cold sink is ultimately the atmosphere,
even if indirectly, via a liquid coolant. There are two important
modes of heat rejection : direct to atmosphere with the exhaust
gases, and through the engine structure to a coolant. The thermal
load of an engine is due to this heat transfer from the hot

working gases to the metal chamber walls.

Eichelberg (48) studied the heat transfer in engine cylinders
and proposed that forced convection was the primary mode and that
radiation was a secondary influence. He suggested that the process
was too complex for the formulation of an elegant theoretical model.

Instead, he proposed an empirical relationship.
where Cm g]

[
hm = 2:1c3(pT)! > po
ficn

]

hm | ke l/mzhoc]

Y:
The use of the term (p‘T) ’ was an attempt to modify an earlier
: g s Vs . s
expression by Nusselt, i.e. p=~ T to include the effect of

radiation in a simplified manner.

Woschni (49) rejected the pressure and temperature terms of
Eichelberg and Nusselt since they were based on free, instead
of forced, convection. He worked from the Nusselt number relation-

ship given below, where m = 0.8 for forced turbulent flow.

m
NU = C Re where C is a constant.
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Woschni also regarded the velocity term ﬁ%&k)as inadequate and
proposed a more comprehensive, two-part term in its place. This
was to take account of both organised air motion due to swirl
and piston velocity and that due to rapid temperature changes
during combustion. The Woschni heat transfer expression is given

below.

-0-2 08

h = 110D p T_ [C1Cm+ Cz\_/g_E(p -po)] vol@el)
pVi

where D[m] Cl constant

P, Po Pl [Kp/cmﬁ] 02 constant[m/sK]
T [K] s’ 1 [ ]
Cm [m/s]

Of the several predictive models for the heat transfer from
engine cylinder gases, those due to Eichelberg and Woschni are
most quoted by the literature. The main points of agreement
between all who have written on the subject are that the instant-
aneous heat transfer coefficient varies in some way with gas
pressure, temperature and velocity, relative to the wall, and

that radiation is present but usually small in effect.

Thermal load is a broad term in need of closer definition.
Wu (34) defined it as high absolute temperature and/or steep
temperature gradients, High absolute temperature implies two
material changes of great importance

1. Thermal expansion

and 2. Reduction of strength,
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A restrained component undergoing expansion will experience
thermal stress. If this continues a permanent stress redistribution
may occur which, en cooling , will produce a residual tensile
stress. This process may lead to thermal fatigue and eventual
failure. Howarth (47) outlined the dangers of restrained thermal
expansion leading to distortion. This is an acute problem in cylinder
heads since they provide a platform for the valves ; any distortion

will lead to blow-by and leakage.

A further problem caused by expansion is the reduction or
elimination of running clearances which can lead to valve stick
or piston seizure. The second high temperature effect, reduced
strength, is a clear disadvantage to an engine that generates forces
of high magnitude, as the diesel engine does, Table 2,2. presents the
widely accepted temperature limitations for engines of conventional
design. Howarth states that heat flux is the main cause of thermal
load. Given normal coolant temperatures and a favourable coolant
side heat transfer coefficient, the gas side metal temperature will
be determined by the heat flux and the wall thickness as shown in

Figure 2.4,

From this, the importance of taking an overall view of thermal
load may be clearly seen. Maximum metal temperature may be reduced
by any of the following measures

i ok Reducing gas-to-metal heat transfer coefficient
(i.e. gas pressure, temperature or velocity)

2. Reducing gas temperature
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%. Reducing wall thickness

4. Increasing material conductivity

5. Increasing coolant-side heat transfer coefficient

v+ Reducing the coolant temperature

Table 2.2 Widely used thermal limitations of combustion

chamber components and materials.

Temperature
Component Material Limitation Effect/Location
Cylinder head | Cast iron 400°C Reduced strength,
thermal fatigue
e.g. valve bridge
Piston Aluminium 180°¢ Reduced strength,
alloy crown support and
pin-boss area
Piston Aluminium 350°C Thermal fatigue,
Alloy leading to crown
cracking
Piston and Aluminium ZQUOC sreakdown of lub-
Liner Alloy and rication leading
Cast iron to ring stick or
scuffing
Piston Aluminium 180°¢ Uvercooling leading
Alloy to the formation of
acidic compounds
and ring groove
wear
Exhaust Steel alloys 650-800°C Distortion, seat
valve wear and thermal

fatigue.
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The first two measures were alluded to earlier in the chapter.
Mansfield (7) and Kamo (9) suggest that high output engines can
tolerate less swirl (i.e. reduced velocity at wall) and that gas
temperature could be controlled by the use of excess air. The third
approach, reducing wall thickness, could only be applied in full
knowledge of the mechanical loading, and usually will present
little scope. The fourth approach, increasing material conductivity
is feasible if a change from cast iron to aluminium is economically
acceptable. Howarth states that light alloys are about the most
effective materials for cylinder heads because of their high
conductivity. The fifth measure, to increase the coolant-to-metal
heat transfer coefficient, is essentially a question of providing
a high coolant velocity at the metal surface. Howarth quotes
typical velocities for water cooling of up to 3 m/s, although this
may usually only be achieved through small bore passages. Normally,
the velocity will be between O and 1 m/s. A graph of waterside

metal temperature against water velocity is given in Figure 2.5,

The region of appreciably constant metal temperature is
controlled by nucleate boiling, i.e. at low water velocity. Above
this, as water velocity is increased, the transition is made from
nucleate boiling to forced convective heat transfer. Nucleate
boiling is a normal condition at certain spots in highly rated
engines, providing a"safety valve', since very high rates of heat
transfer are possible under this regime. In areas of high heat
flux, it is advisable to provide a machined surface if cast iron
is the material, and a high, local water velocity. This can be

achieved by providing drilled passages, for example, between the

valves. The benefit of machining the as-cast surface from cast
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iron is the removal of an apparent thermal barrier, although the
phenomenon is not fully understood. The final method of reducing
metal temperatures, reducing the coolant temperature, offers
relatively limited scope since this will require a larger radiator
or heat exchanger as the coolant will be rejecting heat at a

lower temperature.

The foregoing discusses approaches to cooling when the heat
source and sink are on opposite sides of the chamber wall. The
piston and valves of a conventional engine pose a greater problem,
since they are not amenable to direct cooling (38) - (44).
Typically the piston receives heat through the crown and rejects
it through the ring pack (38) to the liner, as shown in Figure 2.6.(a)
Although there are other heat flow paths, notably through the top

land and the upper surface of the rings, the path shown predominates,

Figure 2.6. (b) is a linear representation of the flow, and
this demonstrates the accumulation of conductivities and interface
heat transfer coefficients which combine to create the problem.

It is, therefore, essential to apply additional cooling means at
relatively low engine ratings. Munro (36) suggests that approx-
imately 2.2 BHP/inz (65 MW/mz) of piston area is the highest rating
that could be tolerated without additional cooling. The accepted
means of cooling the pistons of high speed diesel engines is by
providing an oil flow to carry away the heat - either to the
under-crown area or to a gallery cast into the piston between the
crown and the ring pack, as shown in Figure 2.6.(c) and (d). The
advantage of the cast-in gallery over under-crown cooling is the

proximity of the sink to the source. This reduces the temperature
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gradient for a given heat flow. There is, however, a cost penalty
of approximately 50 per cent, according to data published by
Munro and Griffiths (50). The film heat transfer coefficients

of the various oil cooling arrangements are given below in

Table 2,3.

Table 2.3. Boundary conditions for oil-cooled pistons

Undercrown Cast-in gallery h[kW/m%q Ref.

Crankcase atmosphere

. ".33
(dry small end) 25 (40)

Splash from small end 2.13-2.78 (40)
lubrication 2.04 (42)
Jet from small end or 3.27-9.4 (40)
standing pipe 3.68 (42)

"Cocktail-shaker"

2.04-2.
(Gallery part full) 04-2.86 (40)

o 100RPM .286-.572
i 300RPM .85-1.145 | (41)
i 2000RPM| 2.86-5.674

Solid (gallery full) 1.145 (41)

The part-filled gallery is known as a 'cocktailshaker" for obvious
reasons., From Table 2.3. it may be seen that its effect is related
to engine speed. At all but the lowest speeds, a part-filled gallery

is superior to the'solid" full-flow gallery design.

Although other means of piston cooling have been suggested, for
example, water cooling and air blast, for small high speed engines
lubricating oil is most used because it is relatively easy to apply

to existing designs.
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2.6. Performance Modelling

Many diesel engine performance models have been proposed, and
they vary from highly simplified to complex and extremely descriptive.
In the first category are air-standard cycles. These may be used to

establish "ideal" performance as a guide to the absolute limitations
of practical performance. Used with judgement, the air-standard
equations form the basis of a '"quick and dirty" model for estimating

cycle variables in actual engines.

Digital computers have made the use of very detailed predictive
techniques a practical proposition, with their ability to perform a
large number of calculations accurately and quickly. The more
complex programs model the combustion processes, attempting to
predict the rate of combustion and the gaseous species formed by
it (68)(69)(70)(73). Maguerdichian and Watson (73) developed a
combustion model which divided the fuel jet into a large number of
elements, as shown in Figure 2,7, This model considered air motion,
spray penetration, evaporation, ignition delay, chemical kinetics
and air-fuel mixing. Despite the apparent detail of the program,
the results achieved were not of sufficient value to Justify the
use of such a complex program. Given further development, this
type of program may be of value to engine designers, but Watson
has reported that even if developed to good accuracy, it would be
too large and time-consuming for day-to-day use in engine design
and turbocharger matching. The main disadvantaﬁ&s of this
type of highly detailed model are the large amount of input data,
requiring many skilled man-hours, and the degree of experimental

support essential for program development, A compromise between
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over-simplification and extreme complexity is available in the
"filling and emptying" method, This technique considers the engine
system as a series of volumes, junctions and shafts, as shown in
Figure 2.8, The calculation proceeds from a set of initial
conditions in each volume by discrete time steps, numerically
solving the system differential equations for internal energy and
mass flow. The rate of change of internal energy is given by the

following equation

Uy _ pyd\y, 5 dOv, dQ. , hedm. , h.dm.
dy de de d¢ de¢ dy

The main assumptions necessary for simplification are that the
fluid properties are constant for each time interval and uniform
throughout each volume, thus spatial variations are not considered.
The technique is widely used in research institutions and industry
(62)(63)(65)(67), probably because it is a sufficiently detailed
and representative model for design purposes yet has modest data
requirements, Janota stresses that the underlying strength of the
method is in predicting the rate of change of engine performance
indicators with the design parameter of interest (75). It is not
capable of predicting absolute values with acceptable accuracy.
Some examples of the studies undertaken by this method are given

below.
2 1. Turbocharger matching
2, Valve timing
3. Injection timing
4. Varying compression ratio
5. Boundary conditions for thermal and mechanical
stress programmes

6. Studying the effects of wall temperature.

37



The filling and emptying method integrates several predictive
models, each representing mathematically a function of the engine
system. A description of some heat release models taken from the

literature, is provided in the following section.

Heat release models

Several "combustion" models have been developed for use in
filling and emptying programmes (46)(63)(64)(72). Although
essentially these represent combustion, in practice,a model of
the heat energy released by combustion is sufficient. This gives
rise to the concepts of rate of heat release and heat release
diagrams. Three models will be discussed. The first uses the
injection rate and ignition delay to compute the rate of heat
release, the other two rest on the assumption that the shape of
the heat release diagram is determined by the conditions in the

engine cylinder when a normally matched fuel system is used.

Possibly the first attempt to model the combustion process was
made by Austen and Lyn (46). This considers the injection rate
diagram and divides the fuel into a series of masses, each
corresponding to a fixed time interval during the injection
period. Each fuel mass is '"prepared' for combustion according to
an empirical formula, and the heat release diagram is then found
by equating the fuel prepared during the delay period with the fuel
burned in the initial pre-mixed "spike'", This may be seen in
Figure 2,9,.(a). Although the author reported satisfactory correlation
from this model it has not been widely used. The most obvious
disadvantage is the need to predict the injection rate diagram, which

is not easily achieved.
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Woschni (64) used a mathematical heat release function proposed
by Wiebe, as the basis of a heat releace model. The Wiebe function
is a universal relationship which can be tailored to a wide range
of combustion systems. The Wiebe rate of heat release function is

given below.

3% k. CZ(C,-PUKPC' exp(—Czap(C'”))

It is most generalised when two are combined to model both pre-mixed
and diffusion flames (76). Woschni, however, found that a single
function was adequate to model the heat release diagrams of his

medium speed engine, Figure 2.9, (b).

The function may be adapted by changing the constants Cl and C2.

Cl is a shape factor, typically between 0.5 and 1.6 ; C2 is 8

completeness factor. Varying C_ within the range 5 to 10 varies

2
completeness from 99.3 to 100 per cent. Throughout his work, Woschni

used a value of 6.9.

Starting from an experimental heat release diagram, to which a
Wiebe function is fitted, changes in shape and duration are computed

from changes in correlation parameters, as shown below.

5
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The final heat release model is due to Marzouk and Watson (72)
(74)(82). This is more applicable to high speed engines since it
includes both premixed and diffusion burning. The diffusion phase
is a function capable of very steep rates of rise and decay,
typical of diesel combustion. They used high speed engines (Leyland
and Perkins) to provide experimental heat release diagrams over a
wide load and speed range. The shapes of these diagrams were found
to correlate with ignition delay, air-fuel ratio and speed. The rate
of heat release function is the sum of the pre-mixed and diffusion

equations shown below.

dQ = c,c;fc?'1(1-’rC1 @y

Premixed dt
Lt

Diffusion QQ_. = ca C4 t 4-
dt

ﬂ is Lhe phase proportionalily lactor and determines the relative

expl-C, 1) (1- p)

magnitude of pre-mixed and diffusion phases.

For high speed engines, this model would appear to offer more
than the Woschni correlation of the Wiebe function. Whereas the
previous modpl did not require injection data because it used a
datum heat release diagram, the Marzouk-Watson model assumes a
normally matched fuel system. A disadvantage of the latter models
is that the combustion duration is not predicted. However, by
trial and error methods or using hard data, an acceptable value
may be found quite easily. A typical Marzouk-Watson heat release

function is given in Figure 2,9, (c).
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Fig.2.2, Qualitative model of diesel engine combustion,
taken from ref.(24).
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CHAPTER 3

ENGINE PERFORMANCE MODELLING

3.1. Introduction

This chapter discusses the practical issues of performance
modelling, In particular, the sensitivity of the'filling and
emptying' method to the necessary assumptions and simplif-

ications, is discussed.

The prediction of the temperature of cylinder components is

discussed,

3.2. The "Filling and Emptying' Model

The filling and emptying model is a practical proposition
because of the power of digital computers. The routines
that form the model are straightforward and uncomplicated, but so
numerous that hand calculation is out of the question. In the last
twenty years, the great increase in calculating power has been used
to solve many engineering problems which previously required
expensive experimental study. Of course, computer models do not
obviate the need for prototype testing and routine development.
Properly used, however, they enable the designer to optimise and
make trade-offs, and to perform studies that may be prohibitively
expensive to do with hardware - for example, the variation of

bore/stroke or valve area ratios.
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The contribution that filling and emptying can make to engine
design is to reveal the important trends of energy and mass flow
as design features are varied over the area of interest, Table 3.1
presents some of the design parameters and performance indicators

that may be studied by this method.

Many writers have emphasised that the method cannot accurately
predict absolute performance. The principal reason for this is the
complexity of the combustion process. Until the effective rate of
heat release can be derived from a physical description of fuel
injection equipment, cylinder and port geometry, absolute values
will have little meaning. At present, highly simplified heat release
models are used to bridge this gap in our knowledge and allow the

study of performance, relative to some datum.

The filling and emptying method makes many simplifying assump-
tions, whilst retaining the essential characteristics of the diesel
engine. There are two groups of assumptions that should be recognised
those implicit in the method and those made by the modeller in apply-
ing the method. These assumptions are listed in Table 3.2. Although
the second group are essentially input data, it is unlikely that
such information would be available. If the design is completely new,
all four inputs would have to be assumed, perhaps by adapting data
from similar engine types. If the engine exists in some form, then
valve area and swirl data may be available, but it is most unlikely
that wall temperature or heat release data would be. The following
discusses the sensitivity of the model to the input data most diff-
icult to estimate - valve effective areas, wall temperature, swirl

velocity and heat release rate.
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Table 3.1. Some of the design parameters and performance indicators
that may be considered in a filling and emptying study.

Design Parameters

Bore/stroke ratio (79) Compressor efficiency
Conn.rod/throw ratio Turbine effective area
Compression ratio (62)(79) Charge cooler effectiveness
Valve areas (79) Charge coolant temperature
Valve area ratio Manifold volume

Valve timing (79)(80) Chamber wall temperature (83)
Engine speed Swirl velocity

Turbocharger efficiency Allowable cylinder pressure

Performance Indicators

Indicated thermal efficiency Scavenge ratio

Brake thermal efficiency Charge temperature

Volumetric efficiency Turbine inlet temperature
Charge pressure Mean cycle temperature

Peak cylinder pressure Mean heat transfer coefficient

Turbine expansion ratio

Effective valve area

The effective valve area for a given 1lift allows the same mass
flow under ideal, frictionless conditions as the actual valve, for
the same pressure ratio. Dent and Derham (77) describe a method of
obtaining the effective area as a function of lift. The valve flow

characteristics are evaluated under steady-flow conditions at a
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number of discrete 1lift values., The data so obtained are used to

calculate the effective area using the following equation

Table 3.2. : Filling and emptying programme assumptions

Implicit in the method

1. Gases are ideal

2. Volumes are shapeless and have uniform gas properties which
remain constant through each calculation step

3. Heat transfer surface areas of the chamber have uniform, non-
varying temperature

4. There is perfect mixing when fresh and spent gases occupy the
same volume

5. Pressure wave action is neglected

6. Inertia of gas columns is neglected.

Made in applying the method

1. Mean gas-side temperature of chamber components
2. Swirl rotational velocity for heat transfer calculation
3. Timing, shape and duration of heat release diagram

4. Valve effective areas versus crank angle,

This relationship is based on compressible flow theory. It is

allowable to use incompressible flow theory for pressure ratios
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near to unity. The error introduced for a pressure differential

of 10ins (254mm) water is about -2.5 per cent.

Clearly, the flow through the valves of a working engine is
not steady. Both valve area and pressure ratio are changing during
the induction and exhaust periods. However, this does not lead to
significant error since the effective area is substantially indep-
endent of pressure ratio as shown in Figure 3.1. taken from Ref.
(77). Woods and Khan (81) reported similar results, but with a
tendency for effective area to increase slightly with pressure

ratio at high 1lift.

The effective valve area/lift relationships used throughout

this work are shown in Figure 3.2.

Wall Temperature

The model differentiates between "constant' and '"variable"
wall areas. The cylinder head, piston crown and valve heads
present a constant surface area to the cylinder gases through the
cycle. The cylinder liner area is variable, since varying amounts
of it are exposed during the cycle. The total surface area may be
represented by any number of smaller areas, but each must have a
uniform surface temperature. For example, it is allowable to divide
the cylinder cover into two parts, say an area representing the
exhaust valve at a temperature of 900K and an area representing the
flamedeck at 600K. These may be reduced to an equivalent area(Aeq)

at an equivalent temperature(Teq)by using the following equations
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Keis 2IA) T = DA

The sensitivity of the model to errors in the assumed mean wall
temperature is shown in Figures 3.3 and 3.4, As may be expec-
ted, the heat flux is most sensitive. This is because it is calcu- -
lated from the mean heat transfer coefficient and the temperature
drop available between gas and wall. The general engine performance,
typified by volumetric and brake thermal efficiencies, exhaust and

mean cycle temperature, is largely insensitive.
Swirl

The heat transfer from the working gases was discussed in
Section 2.5 where the works of Eichelberg (48) and Woschni (49)
were reviewed. They found that gas pressure, temperature and
velocity, relative to the wall, largely determine the instantaneous

heat transfer coefficient.

Since swirl is the organised rotation of the charge about the
cylinder axis, the relative tangential velocity of the gas to the

liner will be given by

& S
The Woschni heat transfer model (Equation 2.1.) may be adapted
to include a swirl term in the velocity component. The effect of
varying the assumed mean swirl, over a suitably wide range, is shown

in Figure 3,5, This shows that the prediction of engine
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performance generally is unaffected by the swirl assumption. The
heat transfer coeffiecient, as expected, increases with swirl

speed, causing an increase of heat flux,

It should be possible to estimate the mean swirl to within

reasonably close limits using swirl rig data, which means that

inaccuracies from this source should be quite small.

Heat Release Function

Despite our almost comprehensive qualitative understanding of
the combustion process, the quantitative link with the fuel injection
equipment and engine geometry has not been made. The problem is
partly overcome by the use of heat release models which assume a
relationship between engine parameters, such as air-fuel ratio and
speed, and the shape of the heat release diagram. Two such models
are described in Section 2.5 ; the Marzouk-Watson model, and the
Woschni correlation of the Wiebe function. If we accept the gross
simplification of such models in the absence of a more realistic
approach, two further assumptions remain : heat release timing and

duration.

Lyn (71) studied the influence of heat release shape, timing
and duration on the development of pressure in the cylinder. Some
of the results of this study are shown in Figure 3.7. Although
Lyn varied the three parameters over an unrealistically wide range,
the results do demonstrate the effects that the various assumptions
may have. The heat release assumption has little effect on the

expansion curve followed by the gases after heat release, This
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confirms the belief that the heat release diagram is relatively
unimportant for open-cycle studies such as turbocharger matching
and valve optimisation. For closed-cycle studies, the choice of
heat release diagram, timing and duration completely determines the
final result. This underlines the futility of predicting rate of
pressure rise, thermal efficiency or peak cylinder pressure in

absolute terms,.

Exhaust Manifold

The "filling and emptying' method considers the exhaust manifold
as a shapeless volume having uniform thermodynamic properties at any
given point in the cycle. The model assumes instantaneous and
complete mixing as the cylinders discharge and "fill" the manifold.
The actual processes occurring in an engine's exhaust system are
quite complex which is why such simplification is necessary. Normally,
a pressure wave, or blow-down pulse, leaves the cylinder early in the
exhaust period. This travels at sonic velocity towards the turbine
entry. At points such as the turbine, or junctions with other branches,

reflections can occur which further complicate the situation.

Janota et al. (75) studied the likely errors introduced by this
simplification., Figure 3.8 gives some of their results for a wide

range of manifold shape and volume. The factor

12LN
V(YRT.)
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indicates manifold length and is actually the elapsed time in crank
degrees for a pulse to travel from valve to turbine and back. The
filling and emptying method tends to underestimate the exhaust
energy under all conditions, but less so for short, low volume

manifolds.

They also studied the accuracy of the transient temperature
prediction. Generally, the maximum and minimum values were well
predicted, the most significant error being a phase-shift, This was
thought to have been caused by the instantaneous and complete

mixing assumption,

Alternative methods for modelling the events in the exhaust
manifold are available, although these are generally rather complex
and expensive to process. One such method is the method of charac-
tersitics. This is a mathematical technique for solving the
differential equations set up by considering the one-dimensional,

compressible, unsteady flow in the manifold.

Calculation Step Size

The filling and emptying method proceeds by a series of finite
time steps, solving the system differential equations at discrete
points. Between these points, the thermodynamic properties of the
working fluid are assumed constant. Therefore, the smaller the time
step, the more accurate the numerical solution will be, whilst the

computer time will necessarily increase,

Figure 3.6 shows the effect of increasing the step size from
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the widely used 1 degree of crank rotation up to 6 degrees. The
most marked effect is the rapid decrease of cost, a function of
computing time only, to less than half the initial cost as the
step size is increased from 1 to 3 degrees. The calculated results
diverge by up to 5 per cent when the interval is increased to 2

degrees, and do not further diverge until the 6 degree interval,

The average cost at the start of 1980, of running a model of a
6-cylinder engine with turbocharger through three calculation cycles
of 1 degree step size was £4. It could be argued that the large
number of simplifying assumptions inherent in the method already
undermine the predictive accuracy, and that introducing further
inaccuracy by increasing step size would be unacceptable, Whilst
this is a valid argument, dramatic cost savings may be made with
relatively little divergence of predicted result. For large-scale
studies requiring many computer runs to reveal broad trends, perhaps

cost and predictive accuracy could be traded to good effect.

Model Construction

Filling and emptying models require large computing capacity,
and will generally be too large for present day desk-top computers,
The program used throughout this work was produced by GEC Diesels
Limited and is currently available through Midland Computer Services

on the Stafford IBM 370, to which Dorman now have a direct line,.

The program is part of a performance prediction suite which also

includes heat release analysis of indicator cards, valve area

calculations and a Wiebe heat release model.
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Constructing a model is relatively straightforward. First,
the parts of the engine required to solve the problem are defined.
This might be just one cylinder and two manifolds, or the complete
engine with turbocharger and charge cooler. This is then represented
scpematically (see Figure 2.8) as a series of interconnected volumes,
Junctions and shafts. In this respect, the program is versatile,
since any thermo-fluid system describable in this way may be tackled

by this method.

The computer handles numerical values only, therefore the various
elements are numbered. The input data describes the interconnections
and defines which volumes are working (cylinders), which junctions
have variable area (valves) and which shafté deliver work from the
system (crankshaft). Once the geometric data (bore, stroke, etc.)
have been listed, valve area, swirl speed, wall temperature and heat

release data are input.

When modelling the turbocharger, one of three levels of sophist~-
ication is possible, The most basic simply modifies the inlet temp-
erature and pressure to simulate the presence of a compressor and
cooler. The exhaust is then restricted by a fixed area junction to
represent the turbine., The next level of sophistication allows the
mean flow rate to be specified. Continuity is achieved by allowing
the compressor to find the required pressure ratio, consistent with
the volumetric efficiency of the engine. The temperature rise
through the compressor is calculated using the pressure ratio and a
specified efficiency. Charge cooling may be included and is defined
by the effectiveness, coolant temperature and pressure loss. The

turbine is represented by a swallowing curve, defined by the mass
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flow at choke. Turbocharger power balance is achieved by the
external control of the modeller, normally by ad justing the turbine

area.

The third level of sophistication involves describing the full
characteristics of both compressor and turbine, The program allows
the turbocharger to "float" and find power balance, influenced only
by the engine, as in reality. The performance maps of the compressor
and turbine are input in tabular form in which the program then

interpolates, when necessary.

The level of turbocharger model that may be used will normally
be determined by the availability of performance data. Most engine
makers buy turbochargers from outside suppliers. Therefore, access
to the required data could be limited, especially for turbine maps
which are jealously guarded by the makers. This is generally not for
commercial secrecy, but to prevent misinterpretation, since steady-
flow maps should be treated cautiously when translating to pulsating
engine flow conditions. This emphasises the difficulties of turbine
modelling and casts doubt on the value of full-map modelling if the

data are compiled under steady-flow conditions.

In the early stages of this project the basic model was used and
later, when swallowing curves were released by the manufacturer, the
second level model was tried. Experience now indicates that the
benefits of the second model over the first (specifying mass flow
and charge cooling) are a significant advantage, whilst the use of
swallowing data is of little help in predicting turbine energy under

pulsating flow., The most satisfactory approach is to adjust the
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turbine characteristic externally to give the required energy for

power balance,

Having constructed the model this far, there only remains to

specify initial conditions for shafts and volumes. The precise

details of the foregoing are given in Reference (84),

33 Thermal Predictive Models

The temperature fields within combustion chamber components are
an important consideration in diesel engine design. High temperatures,
or gradients, reduce component life, or may lead to catastrophic
failure caused by thermal fatigue, loss of strength, distortion or

loss of lubrication.

In an earlier section, the feasibility of detailed performance
models was accredited to the coming of powerful digital computers,
This is also true of heat conduction models, which require many
straightforward calculations, far beyond the scope of hand calcu-
lation., Generally, the methods of temperature prediction divide the
component into a number of cells or elements, The modeller is then
required to specify the heat transfer conditions at the boundaries
of the region. The program's solution algorithm then interprets
these boundary conditions and derives a temperature field that

satisfies the principle of energy conservation,

Provided the component is adequately represented, by careful

subdivision, the overall accuracy will depend on the quality of the

boundary conditions,
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Boundary Conditions

The heat source is the combustion of fuel in the cylinder gases
which gives rise to rapidly varying pressure and temperature. Thus,
the heat transfer boundary conditions on the gas-face of the
cylinder components are not steady-state. However, little error

is incurred by assuming a quasi steady-state condition, using the
arithmetic time-mean temperature and heat transfer coefficient.

The gas-side boundary conditions used for the piston and liner
study reported in 4.3 and Appendix 2, were derived from the

filling and emptying model of the engine, using the Woschni (49)

heat transfer model.

The boundary conditions between the piston, the rings and the
liner were taken from the work of Woolley (44), and are shown in
Figure 3.9, The undercrown heat transfer coefficient, with and
without oil jet cooling, was taken from the same source, and 18
given in Table 2.3. The research engine that Woolley used to study
the heat transfer was an earlier marque of the Dorman "L" series,

a 3-cylinder "LB" engine.

The piston and liner were analysed separately. Allowance was made
for the heat transfer between the two by weighting the coefficients
by the residence time that the nodal areas of each are in contact.
The water-side heat transfer coefficient was calculated from the

Nusselt number relation for turbulent flow, given below.
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where the constant (.023) is dimensionless.

0-023 K*(pv)**(Cp\™*

The water velocity was assumed to be only 60 mm/s around the liner.
However, the gas-side conditions largely determine the heat transfer,
so that the calculated result is relatively insensitive to this
assumption. Figure 3,10 shows that for a 300 per cent increase of

the water-side coefficient, the calculated metal temperature
decreased by only 4200. This calculation was performed on the

I.H.D. Department's Hewlett Packard System 45 micro-computer,

using a program written by Mr. D.C., Hickson.
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CHAPTER 4

Design Study and Research Engine Specification

4.1.

Introduction

The project brief given by the sponsor required the evaluation

of high output technology through an experimental programme based

on a current production engine. Further discussion produced the

following terms of reference.

The research vehicle will be the Dorman in-line, six-cylinder
"LE" engine.

The target performance will be a bmep of 3001bf/in® (20.7 bar)
at a fixed speed of 1500 rev/min.

The compression ratio will be fixed.

Single stage turbocharging is to be used, if feasible.

The concept should be studied primarily with the needs of

commercial, rather than military, users in mind.

This broad definition was used to guide the design study and to

specify the research engine's detail design. Each item will be

discussed in turn :

1,

Base engine : this would appear clear and unambiguous but the
question arises - how much may be changed ? The answer used in
design decision-making was - as little as possible. An intrinsic
value of a high output variant would be that it make fullest use

of existing production facilities and components.
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2. Target performance : the question of rating (continuous or
intermittent duty) cannot be satisfactorily answered at this
stage. The design objective was to operate the engine satis-
factorily at a steady-state bmep of 21 bar.

3. Compression ratio : this rules out the use of variable
compression ratio schemes,

4. Turbocharging : The simplicity, cost, size and weight advantages
of single stage turbocharging are preferred over multi-stage

alternatives.

o

End use : this is the least tangible guideline, but was taken
to mean that the traditional virtues of the diesel engine
should be preserved so far as is practicable.
a) Design solutions should be simple, rather than highly
"sophisticated" and avoid the use of exotic materials.
b) Thermal efficiency, reliability, durability and sociability
should be carefully considered in design decisions, where

this is possible.

Many engine design problems may be studied by hand calculation
and this was the approach, when suitable. Some problems are mathem-
atically too complicated or simply too long-winded, necessitating
the use of computer programs. In particular, gas exchange, turbo-
charging, heat release and heat transfer calculations were handled

in this way.

The design study attempts to reveal the underlying trends of
thermal efficiency, mechanical and thermal load and other perform-
ance indicators, with variations in design. In this process, the

engine is reduced to manageable sub-systems for analysis. By
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contrast, the research engine specification is the synthesis of
these sub-systems, it must achieve the target performance quickly
because of the time constraints, and have the design flexibility

to allow for contingencies and a degree of experimentation.

In some areas, notably turbocharging and fuel injection, the
equipment is manufactured by other companies. In such cases, the
expertise of the maker's representative was recognised and compon-
ents were specified in the light of their recommendations. Specific
areas of expertise within the company were used where appropriate,
for example, in translating the required valve motions into a working

cam shaft and preparing the engine layout and installation.

4.2. Preliminary considerations

The following analysis is intended to enable study of the key
engine parameters and their relevance to increasing bmep. It is
highly simplified and contains assumptions which may be questionable

if accuracy is sought. These are pointed out where appropriate,

? turbine y

COmpressor

aftercooler

| cylinder ]
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1. Air demand
Ms oz sfc. B il
also

P. = imepOLNnTC

i

| 4 4.2

and by definition

ME 2 Tair

0t

combining 4.1, 4.2, 4.3 :

Ma tr = AlfRisfc imepDLNN1c 4.4

: 4
: 2
maﬁ. = T]voljr‘pzDL%n% 4.5

g

(ﬂ)
RT/
neglecting pressure loss through the aftercooler

b= EY - e ]

assuming the aftercooler coolant is at the ambient air temperature

LR o]
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substituting 4.7 into 4.6 and 4.6 into 4.5 and letting Po = 1 bar

Haie = 20 B

i [(p::-Y' e I)(I—E)ﬂ]c]

equating air supply and demand - 4.4 and 4.8 and rearranging for imep

imep = ol tr'c B Lo
AV isfc T, (5%~ 10 -€) +1 ]2

3. Mechanical load :
This may be simplified without undue loss, to consideration of the

maximum cylinder pressure.
explosion ratio L]J = — 4,10,

This is the ratio of peak cycle pressure to hypothetical compression
pressure at tde. To simplify the analysis, let compression commence

at bdc, and-:

H:]d[: = e 4.11.

combining 4.10 and 4.11 and introducing the polytropic relation for

compression (n = 1.35) :

1:35
pl'na)( = DZQJ (R £.92,

Rearranging 4.12 for P, and substituting into 4.9 :

mep = hvoltrlc Pmax

|schﬁ(¢p“C‘g>,‘%5? }(|— )m]A/F]LFQ)CR'“Z
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This expression relates the major design parameters to the
indicated specific output. The incalculable nature of combustion
is contained in the only performance parameter in the equation,

isfe.

The isfc is primarily a function of the combustion system but
secondary influences exist, such as air-fuel ratio, compression
ratio and explosion ratio. The latter may be taken as a measure of
injection timing for a given combustion system. If isfc could be
taken at some reference condition, as a constant, it could be
included in equation 4.13 with correction terms as follows

SIC = isfco_fC_R f AlF .f_LP_
(R AR/ "\¢

A typical correction equation for air-fuel ratio is the Wanschiedt
equation given in reference (3). Corrections for compression ratio
and explosion ratio could acceptably be deduced from the ideal dual
cycle. To maintain simplicity, isfc was assumed constant over the

range of variables,

The reference values assumed for the parameters of equation 4.13

are given in the following table.

Parameter Reference value
pmax 120 bar
CR kot s |
T 303 K
(o)
A/Ftr L4 SR |
T]vol,tr 0.84
T]comp (o)) i
1.4
isfc .l98kg/kWh
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Equation 4.13 was used to derive Figures 4.1 and 4.2 (a) and (b).
Figure 4.1 shows the influence of aftercooling on the imep attain-
able over a range of compression ratio for a fixed maximum cylinder
pressure. The "degree of aftercooling" is the temperature drop
achieved by the cooler as a fraction of the temperature rise prod-
uced by the compressor. This allows the study of cooling effect

as determined by aftercooler effectiveness and coolant temperature.

Figure 4.1 demonstrates the importance of efficient charge
cooling since, for a given load, maximum cylinder pressure and air
excess, mechanical load is reduced, allowing a higher compression
ratio to be used. The less efficient the charge cooling, the higher
the compressor pressure ratio must be to maintain manifold density.
This greatly influences the feasibility of single-stage turbocharging

at this level of output.

Commercially available, mass produced turbocharger compressors
have deteriorating performance above a pressure ratio of 3 : 1.
The maximum pressure ratio attainable by such machines is about
3.5 : 1 and is accompanied by a narrow surge-to-choke flow range and
low efficiency. From Figure 4.1 the trade-off between pressure ratio
and the degree of aftercooling may be seen. At an imep of 22 bar,
the required pressure ratio increases from 3.0 to 3.4 : 1 as the

degree of aftercooling is reduced from 1.0 to 0.8,

Efficient charge cooling allows operation at a reduced compressor
pressure ratio, thus a higher compression ratio may be used for a i
given bmep and mechanical load., By reducing gas temperatures through-

out the cycle thermal load is also reduced. The conclusion is
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that an aftercooling system of the highest performance, consistent
with cost consid erations, should be specified. The need for a high
level of performance and single-stage turbocharging prevents the
use of the engine's jacket cooling water as the charge coolant.

' [}
This may be seen in Figure 4.1, Line l\.

The imep attairmable for a given maximum cylinder pressure and
compression ratio would depend on the explosion ratio and the air-
fuel ratio. This is shown in Figures 4.2 (a) and (b) which are
derived from equation 4.13. The lower the explosion ratio or air-
fuel ratio, the higher the imep may be. However, since this would
generally reduce thermal efficiency, it would essentially repre-

sent a trade-off between specific output and fuel consumption,

4.3, Computer Modelling

The computer models were constructed by the methods outlined
in Chapter 3. Three programs were used : the GEC "filling and
emptying" program ; the MEL thermal analogue network solution (86)
on the GEC IBM 370 computer, and a closed cycle engine model des-
cribed in Appendix 5, developed on the Dorman HP9825A m<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>