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'SUMMARY

THE UNIVERSITY OF ASTON IN BIRMINGHAM

Variable Impedance Bearings for Large Rotating Machinery

Submitted by Michael John Goodwin for consideration for the degree of
Doctor of Philosophy in December 1981.

This thesis describes an investigation which was carried out under the
Interdisciplinary Higher Degrees (IHD) Scheme of The University of
Aston In Birmingham. The investigation, which involved joint
collaboration between the IHD scheme, the Department of Mechanical
Engineering, and G.E.C. Turbine Generators Limited, was concerned with
hydrostatic bearing characteristics and of how hydrostatic bearings
could be used to enable turbine generator rotor support impedances to
be controlled to give an improved rotor dynamic response.

Turbine generator rotor critical speeds are determined not only by the
mass and flexibility of the rotor itself, which are relatively easily
predicted, but also by the dynamic characteristics of the bearing oil
film, pedestal, and foundations. It is because of the difficulty in
accurately predicting the rotor support characteristics that the
designer has a problem in ensuring that a rotor's normal running speed
is not close to one of its critical speeds. The consequence of this
situation is that some rotors do have critical speeds close to their
normal running speed and the resulting high levels of vibration cause
noise, high rotor stresses, and a shortening of bearing life.

A combined theoretical and experimental investigation of the effects of
mounting the normal rotor journal bearing in a hydrostatic bearing was
carried out. The purpose of the work was to show that by changing the
0il flow resistance offered by capillaries connecting accumulators to
the hydrostatic bearing, the overall rotor support characteristics
could be. tuned to enable rotor critical speeds to be moved at will.

Testing of a combined journal and hydrostatic bearing has confirmed
the theory of its operation and a theoretical study for a full size
machine showed that its critical speed could be moved by over 350 rpm
and that its rotor vibration at running speed could be reduced by 80%.
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"~ 'NOTATION

Effective area of one hydrostatic bearing pad.
Cross-sectional area of a capilliary tube.

Accumulator operating parameter denoting the increase in

accumulator pressure per unit volume of fluid flowing into

the accumulator.
Damping coefficient, generally.

Dynamic damping coefficient denoting the force in the i

direction per unit vélocity in the j direction.
Film clearance.

Design film clearance.

Damping.

Eccentricity of the shaft (ie either the journal or the

floating ring) relative to its bearing bush.

Force

Force in the x direction (horizontal)

Force in the local x direction.

Force amplitude in the horizontal direction.

Real force amplitude in the horizontal direction.
Imaginary force amplitude in the horizontal direction.
Force in the y direction (vertical)

Force in the local y direction.

Force amplitude in the vertical direction.

Imaginary force amplitude in the vertical direction.
t=]
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Real force amplitude in the vertical direction.
Force matrix.

Inertia coefficient for oil in the accumulator line.

Inertia coefficient for oil in the supply line.

Inverse viscous flow resistance in the accumulator oil line.

Inverse viscous flow resistance in the supply o0il line.

Dynamic stiffness coefficient denoting the force in the i

direction per unit displacement in the j direction.
Equivalent single bearing oil film stiffness matrix.
Hydrostatic bearing oil film stiffness matrix.
Journal bearing oil film stiffhess matrix.

Length of a hydrostatic pocket from land centre-line to

land centre-line.

Length of land subjected to a squeeze film.
Length of capilliary in which oil inertia is significant.
Journal effective mass.

Mass of o0il in a capilliary

Journal rotational frequency.

0il pumping power.

Pressure.

Bearing load per unit projected area.
Pressure of oil in the accumulator.
Hydrostatic pearing drain oil pressure.

Hydrostatic pearing pocket oil pressure.
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Hydrostatic bearing supply oil pressure.
Hydrostatic bearing pocket steady (mean) o0il pressure.

0il volume flow rate.

0il flow out of the hydrostatic bearing pocket into the

accumulator.
0il flow out of the hydrostatic bearing pocket over the lands.
0il flow into the hydrostatic bearing pocket from the supply.

0il flow into the volume swept out by one hydrostatic

bearing surface as it moves away from its opposing surface.

Steady (mean) oil flow out of the hydrostatic bearing pocket

"into the accumulator.

Steady (mean) oil flow into the hydrostatic bearing pocket

from the supply.

Bearing radius of curvature.

Viscous ilo& resistance in the accumulator oil line.
Yiscous flow resistance in the supply oil line.
Journal radius.

Stiffness

Sommerfeld number.

Timé interval.

Journal bearing displacement matrix.

Hydrostatic bearing displacement matrix.

Equivalent single bearing displacement matrix.

Horizontal amplitude of vibration relative to the pedestal.

Pedestal vibration amplitude in the horizontal direction

relative to space.
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Horizontal vibration amplitude of the shaft relative to the
pedestal, component in phase with the horizontal force.

Horizontal vibration amplitude of the shaft relative to the

pedestal, component out of phase with the horizontal force.

Component of vibration in the horizontal direction which is

in phase with Y.

Component of vibration in the horizontal direction which is

out of phase with Y.

Displacement in the x directioh (horizontally) relative to

the pedestal.

‘Displacement in :he local X direction relative to the pedestal.

Horizontal displacement'of the pedestal relative to space.
Vertical amplitude of vibration relative to the pedestal.

Pedestal vibration amplitude in the vertical direction

relative to space.

Vertical vibration amplitude of the shaft relative to the

pedestal, component out of phase with the horizontal force.

Vertical vibration amplitude of the shaft relative to the
pedestal, component in phase with the horizontal force.
Displacement in the y direction (vertically) relative to the
pedestal.

Displacement in the local y direction relative to the
pedestal.

Vertical displacement of the pedestal relative to space.

Half angle of a hydrostatic pocket between the pocket centre-

1line and the land centre-line.
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Phase lag of the shaft horizontal displacement relative to the

pedestal behind the horizontal force.

Phase lag of the shaft vertical displacement relative to the

pedestal behind the vertical force.

Ratio ppo/pS when the floating ring (journal bearing bush) is

in its design operating position.
Component of accumulator pressure amplitude in phase with Y.

Component of accumulator pressure amplitude out of phase

with Y.

Phase lag of the pedestal horizontal displacement relative to

space behind the horizontal force.

Phase lag of the pedestal vertical displacement relative to

space behind the vertical force.

Denoting a change or difference of the following parameter.
Apgle of inclination of one hydrostatic bearing pad.

Ratio of shaft eccentricity to bearing radial clearance.

éomponent of hydrostatic pocket pressure amplitude in phase
with Y.

Component of hydrostatic pocket pressure amplitude out of
phase with Y.

General position of an element of one hydrostatic bearing pad.

Phase of force in the vertical direction relative to

displacement jn the vertical direction.
Elemenf of omne hydrostatic bearing pad.
Phase lead of the hydrostatic bearing pocket pressure over the

displacement of the journal bearing bush.



U 0il dynamic viscosity.

p Mass density of the oil.

Wl Component of oil flow in the supply line in phase with Y.

WZ Componenf of 0il flow in the supply line out of phase with Y.

¢ Attitude angle of the shaft relative to its bearing bush.

¢~ Phase lag of the horizontal displacement relative tb the
vertical displacement.

Wl Component of oil flo&*in the agcumulator line in phase with Y.

WZ Component of oil flow in the accumulator line out of phase
with Y.

w Angular frequénc&.

. Denotes derivative with respect to time.

.- Denotes double derivative with respect to time.

Note: Amplitudes are always rcentre-to-peak’ values.
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CHAPTER ONE

FNTRODUCT I ON

1.1 Background to the Problem

The first high spéed ac générator ﬁés dévéloped in 1888 by C A Parsons.
Its succésé reéultéd in thé fifst *alternators' being put into
production the fo;lpwing &éar, having a réting of 75 KW, single phase
at 1000 V. Only 23 yéérs 1atér; in 1912; the possible output from one
of Parsons' machines had risen to 25 MW, representing an increase in
output of well over 300 timés: In the following years the demand for
electricity continued to rise; albeit at a slower rate, and by 1930
the output of the largest generator in England, running at 3000 rpm,

was 50 MW.

The rise in output demanded from‘a machine is reflected in the basic
design of the rotor. The easier construction of salient pole machines
may be utilised for méchines of low power rating and low speed because
low stress levels are encountered. For machines having a higher power
output, however, the limitations of size, weight, and economics may
determine that rotors should have two poles, and hence run at 3000 rpm
to give a 50 Hz supplyp Because of the higher operating speeds of two
pole machines, the normal running speed for the machine is nearly always

above the first reritical speed’ of the rotor.

The increase in generator output per unit from 1950 onwards is shown in
fig 1.1. With the steady increase in size of generators, the rotor
length/diameter ratio also necessarily increased even for four pole
machines, with the result that many machines now operate with their
second, and sometimes third, criticals below running speed. It should
be understood at this stage that it is of the utmost importance that

the normal running spéed of a generator rotor should be away from any of

jts critical speeds. 1f this is not the case then high vibration levels

are encountered with corresponding high noise levels, rapid wear of
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FIG. 1.1 TREND OF GENERATCR UNIT POWER
QUTPUT FOR MACHINES ORDBERED IN

CBRITAIN , 1950 - 1980.




bearings, and higher stress levels in the rotor.

Against the above background it can be understood that extreme accuracy
of critical speed calculation and of balancing are vital if vibration
free running is to be ensured, both as an isolated rotor during testing,
and as a coupled unit with the tufbine and exciter on their respective
foundations in service. As bearing spans and rotor length/diameter
ratios have increased it has become essential to allow for the effects of
flexibility of‘the bearings, of théir support structure and of the oil
film in order to correctly estimate a rotor's critical speeds. While
numerical calculations of sets of eight coefficients describing the
behaviour of the oil film under various running conditions are becoming
comménplace, there is often inadequate knowledge of values of the all
important variables representing bearing pedestal and foundation stiff-
ness.and damping. Fig 1.2 shows, for one rotor, how significant the
rotor ‘support stiffness is in the determination of a rotor's critical
speeds; these curves are presented for excitation frequencies to over
6000 rpm since forcing at twice running speed can occur due to unequal

moments of inertia across different diameters.

The present alternatives for dealing with the problem of a rotpr critical
speed occurring near to normal running speed are not satisfactory. They
may include, (i) accepting the excessive vibration near to running

speed with the resultant shortening of bearing life and increase of

noise level, (ii) rebalancing of the rotor in an attempt to cut down
exciting force; this is expensive, time consuming, and not always
successful, (iii) deliberately misaligning the bearing bush relative to
the rotor so as to alter the effective bearing coefficients and hence
change the rotor critical speéd; this would resuit in considerable and
uneven wear on both bearing surfaces, and (iv) changing the lubricating

oil to one having different properties. This, however, undermines the
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reasons for selecting the o0il in the first instance (ie, heat transfer
’

resistance to oxidation, viscosity high enough to provide a lubricating
film, viscosity low enough to ensure moderate bearing losses, etc).
Changing the bearing (v) to one giving a different performance is

another alternative, but again this is expensive and time consuming.

The investigation described in this thesis is an attempt to over-

come the problems associated with inadequate knowledge of pedestal and
foundation behaviour. The study involvéd thé design and testing of a
rotor support whose impedance might easily be altered should it be
found, during commissioning of a generator set or during works testing,
that the rotor behaviour is somewhat differentvfrom that predicted and

desired.

At this stage a description of a»typical generator rotor bearing, shown
in figure 1.3, is appropriate. For a standard bearing the active part
of the bush consists of an arc, usually of 1200 subtended angle. The
further 240O of the bearing bush is relieved in order to reduce losses
in the bearing. O0il normally enters the bearing at one or two ports at
either end of the bearing arc at low pressure, typically abéut 0.15 MPa
(20 1b f/inz).- At the oil port there is an axial distribution groove
into which the oil flows before being 'dragged' by the rotating journal
into the bearing arc itself. Once inside the bearing arc, the oil
pressure is built up to support the journal by hydrodynamic action of
the rotating journal itself. From here, the oil may then flow further
around the bearing arc and exit through an outlet pbrt, or flow

axially out of the bearing bush to be caught in a drain area. Note
that there are a series of oil wipers mounted at either end of the
bearing bush which act with throwers on the journal to restrict oil
flow out of the bearing pedestal assembly. From the drain area the oil

is pumped, via coolers, back to a supply tank. Figure 1.4 shows a









generator ro X
tor, typical of the design supported by the bearing shown

in figure 1.3.

1.2 The Proposed New Design of Rotor Support

The object of the investigation is to develop a procedure which may be
followed by engineers wishing to design a bearing with an in-built
facility to alter the operating characteristics of.the bearing at will,
in an easy and controlled manner. A bearing with such a feature would
help to remove the problems associated with critical speed vibrations
occurring at rotor running speed since the critical speed could effec-
tively be shifted to occur at some other frequency, remote from the

running speed.

Methods of changing the operating characteristics of a rotor support
which were considered are, (i) changing the mechanical fixing of the
beaFipg bush pedestal to earth; je effectively introducing a very
stiff spring between the pedestal énd earth, (ii) modifying the oil
film operating characteristics by providing high pressure oil inlet at
various positions around the circumference of the bearing bush, ie
using a form of hybrid bearing, and (iii) introducing a second, hydro-
static, oil film around the conventional hydrodynamic 0oil film, the
two films being separated by a non-rotating steél separating ringf

The first alternative considered was dismissed, however, because of its
inherent disadvantage of changing support stiffness only in one sense
if the pedestal was connected to earth by feet

(ie the vertical sense,

on its top or bottom surface). The choice between the second and third

alternatives was 2a more difficult decision since their relative advan-

tages and disadvantages are not obvious.

pination of a journal and hydrostatic bearing may,
pe referred to as the "combined bearing', or
' (ie the hydrodynamic and the hydrostatic

¥ The proposed com
in subsequent chapters,

the "two oil £ilm pearing'
oil film).
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It was ultimat .

ately.de01ded that work should continue with alternative
(iii) since thi _
: 15 was more likely tQ enable operating characteristics

je bearing sti '
( ; gflffness and damping coefficients) to be altered without

undesired §1d§~e§fects such as changing oil flow rate, altering

effective eccentricity ratio etc. Furthermore, it was felt that this

design held more promise to alter horizontal and vertical bearing
coeffictents independently, if separate hydrostatic pockets* were

utilised at the top, bottom, and sides of the hydrostatic oil film.

Figure 1.5 shows a schematic section Qf the bearing design proposed.
The conventional hydrodynamic oil film is separated from the hydro-
static bearing oil film by the non-rotating steel ringi. 0il enters
and leaves the hydrodynamic bearing in the normal way discussed in
section 1.1. The drain oil from the hydrodynamic film may or may not
mix with oil draining from the hydrostatic bearing. For the model
built for the project, separate drains were utilised, showing that the
use of different éils and temperatures for the two bearings is not
unrealistic. 0il enters the hydrostatic bearing pockets, at the top,
bottom and on each side of the hydrostatic bearing bush, from a constant
pressure supply of 2.8 MPa (about 400 1b f/inz) yvia restrictors. O0il
then flows from the hydrostatic pockets over the lands surrounding the

pocket and out to a drain area, from which it is pumped back to a

supply tank.

* The term 'hydrostatic pocket’ refers to the actiye bearing area
contained within a length of land, the land form¥ng a ?1osed .
boundary around the pocket. The term ‘hydrostatlc pad br?feri az
the hydrostatic pocket plus its surrounding land, both being 1lo

bearing areas.

hydrostatic bearing the journal bearing
tween the hydrodynamic and hydrostatic
y subsequently be referred to as

For a combined journal and

bush effectively floats be :
oil films. For this reason it ma

the 'floating ring' OT 'separating.rlng .

i+
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bearing bush .
g and the rotor Journal is restricted because there is one

set of four h . L
ydrostatic pockets (spaced circumferentially) at each end

of the bush. Thi; means that should the ring become displaced more at

one end of the hydrostatic bush than the other, then the appropriate
pressure changes occur in only the set of hydrostatic pockets at that

end of the bush, and hence a resisting moment is applied to the ring by

forces acting at that set of hydrostatic pockets.

Under normal circumstances, where no critical speed problems are
evident, the o0il supply to the hydrostafic bearing wouid be tufned
off, and the steel separating ring clamped rigidly to the hydrostatic
bearing bush. This would allow the rotor support to behave as normal,
and only the hydrodynamic oil film would be active. If it was desired
that the rotor support characteristicé be changed, however, for
example in order to move a critical speed away from running speed,
then the steel éeparating ring would be released and the hydrostatic
bearing would also be used. This would effectively reduce the support
impedance of the generator rotor in both the horizontal and vertical
directions. Note also that accumulators may be connected, via hydraulic

resistances, to each hydrostatic pocket. The purpose of these

accumulators would be to allow manipulation of the dynamic operating

characteristics of the rotor support without affecting the static

characteristics That is, the stiffness and damping of the hydrostatic

bearing could be altered by reducing the hydrostatic bearing supply

ressure for example put this would also mean that the static pocket
pres ) '

would also be lower and the eccentricity of the separating
pressures |

ease. { n en ho

pulsations of pocket pressures

maintaining the same supply pressure,

i i d of considerably changing its
are r iminated sinceé instea
partly elimina
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ressure in th ‘
p € pocket, the oi] flows to and from the accumulator

Designing an ‘ .
g g accumulator into the System, then, allows a change in

dynamic stiff . - v
y ness and damping coefficients without affecting the hydro-

static beari . '
ring oil supply and hence the static characteristics of

the beari »
ing. Furthermore, the hydraulic resistances and the accu-

mulator i
ulat operating parameter are two important parameters which can be
used to , ) . »

control the amount by which the dynamic operating characteristics

of the rotor are changed when the hydrostatic bearing is introduced to

the system.

It should also be noted; that the suggested bearing design does have
its limitations and disadvantages. The design is of little help to the
p?oblem where the rotor critical speed occurs such that the rotor
'free-free' mode shape* exhibits nodes at the rotor supports. If this
is the case then altering thé support stiffness and damping will have
1ittie effect on the rotor vibration amplitudes away from the nodes
since the rotor journal will not be tending to vibrate relative to the
pedestal anyway. Other disadvantages are that it involves the
manufacture and maintenance of two bearings (hydrodynamic and hydro-
static) at each rotor support, which will be more time consuming and
more expensive, and that the presence of the hydrostatic bearing and
separating ring introduces more unreliability to the rotor support

system.

1.3 Project SEecification and Objectives

The project specification is very much 1inked to the design specifica-

tion given that the development of the bearing design outlined in

section 1.2 is the pasis of the work.

e refers to harmonic modes of

' —free' mode shap ‘
fres =t is not held by any supporting

* The rotor :
of the rotor when it

vibration
mechanism.
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Procedures a i .
X by nd guidelines for the design of hydrodynamic journal

bearings are
g already commonplace, and so the main body of the project

was concerned with the development of the theory relating to the
hydrostatic bearipg and a method by which calculated oil film
coefficients of the hydrostatic bearing could be 'added’ to oil £i1lm

coefficients describing the journal bearing behaviour, thus giving an

indication of the net bearing characteristics. The design and

manufacture of a test-rig used to verify the theory was also of para-

mount importance.

The initial specification of the h&drogtatic bearing was that it should
have dynamic stiffnes;}and damping coefficients such that a critical
speed shift of about 400 rpm would be possible. The order of magnitude
of support stiffnéss change to be effected by the introduction of the
hydrostatic bearing is indicated by figure 1.2 wheré it can be seen
that, for the rotor considered, a support stiffness change of about

0.6 GN.m 1 (3 1B f/ﬁ ins) may shift the critical speed by 400 rpm. It
lwill be shown in subsequent chapters, however, that provided the
hydrostatic bearing has a nominally high impedance, then the required
reduction in oil film stiffness and damping can be obtained by

manipulating the accumulator operating parameter, and accumulator

hydraulic resistance, leaving the basic hydrostatic bearing design to

be governed by static operating conditions.

To summarise, the project aims were (a) to establish a method for
b

designing a bearing support that could be used to optimise the dynamic

nerator rotor. (b) To substantiate the theory

behaviour of a turbine ge

b i tal evidence (c) To show how such. a bearing could improve
y experimen -

further
the dynamic characteristics of a large rotor. (d) To suggest fur
e dyn

velopments of the bearing.

experimental work and further de
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- CHAPTER TwO

LITERATURE SURVEY

2.1 Journal Bearings, Their Foundation and Rotor Response

The functioning of journal bearings began to be understood in 1886
when Reynolds (1) explained the presence of a pressurised oil film

between a journal and its bearing bush, discovered three years earlier

by Towers (2). Prior to 1883, surface to surface contact had been

thought to exist as part of the normal operating conditions.

Interest in the modelling of the oil film under dynamic excitation has
grown considerably since the 1920's when Stodola (3) was able to show
that under such circumstances the oil film behaved elastically and that
such elasticity was significant eqough to reduce rotor critical speeds

below those calculated on the basis of rigid rotor supports.

The complexity of such models jncreased steadily. In 1956, Hagg and
Sankey (4) modelled the o0il film with two spring coefficients, but
introduced also two damping coefficients. These were the first elastic

amd damping properties of oil films to be published, but could only be

applied to rotors having similar operating conditions to those investigated

by Hagg and Sankey, that is synchronous vibration and no cross-coupling.

The work of Hagg and Sankey may be contrasted with later attempts by

i i i cht coefficients. The results
many authors (5-8) belng some, using eig

£ these investigations are generally inconclusive, however, since they
o

are often based on unqualified simplifying assumptions, are valid for

1 bearing geometlry, or contradict other similar papers. These
only one bea

omplete linearity of the oil film over the

papers usually assume €

; i i S.
working range and neglect journal misalignment

i k on the
d the results of his wor
i 9) publishe
In 1976, Bannister (
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measurement of the ; . .
dynamic oil film force coefficients for a 5" diameter

ournal beari -
J 108, glving both theoretical and experimental results

indicating t '
g the effects of non-llnearity and misalignment. He concluded

that the eight linearised o0il film force coefficients may be used to

redi j . .
predict journal whirl trajectory to an accuracy of 6% provided that the

major vibration amplitude is less than 15% of the bearing radial

clearance and that the frequency of. excitation is less than 50% of the

journal rotational frequency. Otherwise, twenty-eight coefficients,

taking non-linearity into account, were recommended. Bannister's
results also show a significant decrease in rotor whirl amplitude when
the journal is misaligned in the bearing bush. Bannister's work shows
very good agreement of his experimental results with his theory and his
recommendations may therefore be ?aken as important guidelines when

measuring the eight linearised oil film force coefficients experimentally.

Design guidelines covering the static characteristics of journal

bearings are well recorded. Raimondi and Boyd (10) in 1958, presented
design curves for a range of bearing arcs. Their paper is well comple-
mented by that of Martin (11) whose 1974 paper considers plain bearings

in particular but also takes into account journal misalignment.

Accurate modelling of journal bearing dynamic operation is not the only

consideration necessary to predict the dynamic response of a flexible

rotor, however It is important to recognise how the rotor support
’ .

characteristics interact with the flexibility of the rotor to determine .

the rotor critical speeds.

In 1962, Lund and Sternlicht (5) presented a theoretical analysis of the
n , Lu

i tral point mass supported in
jcal rotor with a cen
response of a symmetric

two ri i i u to
te difference technique was used
i ngS . A fini
plain journal bea

n and determine the eight bearing coefficients.
o

solve Reynold's equati



= 1lb -

These were then t i
aken into account with the rotor flexibility and mass

to determine .
the force transmitted at the bearing pedestal for a range

f exci ;
o iting frequencies. Results showed an attenuation of force

transmitte i
d to the bearing pedestal by the presence of the oil film, as

compared t i i .
P o rigid rotor mountings. The paper concludes that for maximum

force attenuation it is desirable to run the bearings operating at a low

eccentricity ratio, low stiffness and high damping. It is also stated,

however, that these conditions imply a low critical speed and a tendency

for resonant whip.

Lund's paper reaffirms the fact already widely known by engineers, that
oil film type journal bearings lower the critical speeds of a rotor
system and maintain vibration at criticals to a low and usually safe
level. The usefulness of the work presented is limited, however, by the
assumptions of plain bearings, symmetrical rotor and point mass. Plain
bearings are not common in the turbine generator industry, whilst
generator rotors are only nominally symmetrical, furthermore the high

length/diameter ratio of many rotors makes the point mass assumption

invalid.

In 1972, Kirk and Gunter (12) carried out a theoretical analysis of the

effects of using a flexible bearing foundation on rotor resonant

frequencies Results were again presented for a single mass flexible

rotor for various values of foundation jmpedence, and showed that with

f the foundation characteristics, the rotor resonant

correct tuning o

frequencies could be moved and/or the vibration amplitudes considerably

reduced Furthermore Kirk argued that for low values of support mass,
. ’

the required value of optimum damping is not critical and can vary by a

factor of ten without appreciably affecting rotor performance.

ing the importance of
i £i tep towards recognising
Kirk's work is a signlflcant step

£ the foundations on which the bearing is mounted.
n o

the dynamic operatio
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Unfortunatel Kirk!'
Y, Birk's model assuneg rigid bearings which is obviously

inapplicabl
Pp e to generator rotor bearingS. Furthermore, the work would

need to be e .
xtended to take into account a multimass rotor and confirmed

experiment i
p ntally before it can be used seriously as a design basis for the

turbine generator industry,

A further paper indicating the significance of generator rotor bearing

foundation impedance was published by Gasch (13) in 1976. Gasch presents

a finite element method of modelling the rotor, enabling a realistic

mass distribution to be used to predict its dynamic response. 1In his
analysis, Gasch considered the receptances of the oil film and foundation
to be acting as connected in series and added them accordingly to produce
a single receptance for the complete shaft support. This is in
accordance with the method used by the author in his analysis. Gasch
deduced from his work that the foundation dynamics are particularly
impor£ant when the foundation natural frequency is in close proximity

to that of the shaft. To support this conclusion he presented two sets
of response curves for a vertical water turbine generator, with generator

foundation natural frequencies of 40 Hz and 20 Hz. The curves show a

decrease in generator first resonant frequency of about 500 rpm with the

decrease in foundation natural frequency, while the actual amplitudes of

vibration remain reasonably constant.

Although presenting a thorough mathematical analysis of the systen,

Gasch fails to put forward a physical explanation of why the generator

resonant frequency is altered but response amplitude away from the

itical is not altered Furthermore, it is not clear exactly how much
critical i .

h . upport gtiffnessand damping independently alter dynamic
changes 1n s
response.

the papers discussed above that confusion still exists
It is clear from
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surrounding ac . )
g curate modelling of 4 Journal bearing under dynamic

excitation. It is apparent, however
]

that the dynamic operation of the
bearing and i
g the foundation of that bearing plays an important part in

he d i ;
the dynamic respohnse of the rotor itself. It is also apparent that an

ability to alter the impedance of the support foundation effectively

alters the impedance of the supports as felt by the rotor, thus

enabling control over the rotor dynamic response. It is this evidence,

then, that provides part of the background to the'work contained in this

thesis.

2.2 0il Lubricated Hydrostatic Bearings

In view of the fact that the proposed bearing design with which the
project is concerned incorporates a number of hydrostatic bearings, it
is pertinent to discuss here recent developments in hydrostatic bearing

design.

The static characteristics of hydrostatic bearings have been well-
documented since the late 1950's, some of the more notable authors being
Raimondi and Boyd (14) and Rippel (15) . These investigations cover a
wide range of pad geometries and include calculations of bearing static

load, oil flow, static stiffness and pumping power, for bearings which

normally have either orifice or capillary restrictors. Methods of

assessing oil pressure at various positions in the hydrostatic film

( and hence assess load carried by the bearing) include exact (15) and

approximate (14) analytical, finite difference (16) and electrical

analogue (17) methods. Raimondi and Boyd's approximation, assuming

tant ket pressure and an effective bearing area defined by the
constant poc .

surrounding the pocket, is now generally

centre line of the land

ple accuracy for most applications. This

accepted as giving reasonal

ljetely take into account flow irregularities

approximation does not comp




for its accuracy,
Y. It is used by the author in his theoretical analysis,

and the a ;
ccuracy confirmed by a finite difference technique

er a
Other authors have attempted to modify bearing characteristics by using

special restrictors for the oil to flow through before entering the

hydrostatic pocket, rather than the simple orifice or capillary. Such

restrictors include constant flow valves and pressure sensing valves all

aimed at increasing the load-carrying ability and static stiffness.

Some of these special valves are discussed in O'Donoghue and Rowe's
paper (18) which also gives design procedures, on the basis of static

characteristics, for hydrostatic bearings of various geometries.

More recent attempts to design special restrictors include those by
Davies (19), Bassani (20) and Singh (21). Davies in 1973, examined
experimentally and theoretically the possibility of using an all-metallic
flexible plate as one surface of the hydrostatic bearing, thus eliminating
the need for any entrance restrictor. The bearing was intended to derive
jts stiffness from the fact that when the bearing load is increased, the
increase in oil presshre on the pocket causes the flexible surface to

move further away from the other bearing surface, particularly near the

centre of the pocket, thus providing less resistance to oil flow. This

enabled the high pocket pressure region of the bearing to increase in

area as the effective land width decreased, and hence the bearing could

support the increased load. Davies presented experimental results for

load carrying capacity only, which agree to within 10% of his
theoretical values. More important curves of stiffness variable are
not presented, however. In any instanée, the argument that the design
eliminates the need for compensation is unconvincing since the design
i ing.
itself is only a gpecial form of compensated hydrostatic bear




casing surface,

with inlet supply between the discs. Again, no additional

capillary or orifice compensation is deemed necessary. Bassani claims

that the bearing has Stiffness characteristics comparable with those

obtained when opposed pads (each side of the discs) are supplied by two

separate pumps and motors, and uses the same pumping power. The cost

saving obtained by using the Bassani valve, instead of using two pumps of

half the power rating each, is not clear hdwever.

In 1976 Singh and Singh (21) discussed a method of stiffness optimisation
of a variable restrictor compensated hydrostatic bearing system. The
restrictor consisted of a spring loaded piston and cylinder where oil
entered the cylinder against the spring loaded piston face, flowing through
the ;méll clearance between piston face and the end of the cylinder and
exiting to the bearing pocket from a side port in the cylinder. Singh's
paper, whilst providing a useful example of how to optimise some of the
design parameters, such as spriﬁg pre-load, cylinder diameter, etc to

give maximum bearing stiffness, does not gi&e details of the restrictor
performance and no comparison is made with other forms of compensation.

This being the case, Singh's restrictor cannot yet be seriously considered

as a useful entity to industry.

Thus far, papers dealing with only the static characteristics of
’

hydrostatic bearings have peen discussed, when it is really the

performance under dynamic loading which will be the most important

consideration, as far as the pearing design investigated in this thesis
si , .

ic characteristics could be

is concerned. Any improvement in stat

r than a necessity. Unfortunately,

i he
regarded as being a convenience rat

1i with dynamic characteristics of hydrostatic bearings
the papers deallng
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are relatively scar .
y ¢e, and to this end the author's work may be a pertinent

contribution. Fij .
1ve papers which deal with hydrostatic bearing dynamic

characteristi
eristics have been noted by the author however, and these are

worthy of some attention,

] .
Brown's (22) paper in 1961 contained a theoretical approach to the

dynamics of a hydrostatic bearing. His analysis éssumes that the static

stiffness of the bearing acts in parallel with, and completely independent
of the stiffness and damping due to compressibility and squeeze effects
which are themselves shown to be represented by a series spring and damper.
This argument is difficult to prove or disprove. He makes the unqualified
agsumption, however, that oil inertia is negligible. Furthermore, no
méntion is made of squeeze film damping as distinct from damping brought

about by the general outflow of oil from the pocket over the lands.

Browh backs up his theoretical work with experimental results for an
annular thrust bearing excited by an electro-magnetic vibrator. His
experimental results agree with his fheory over only the frequency
range 5-20 Hz, however. Outside this range, errors of up to 40% are
apparent, although the general trends of stiffness and damping are

confirmed. He concludes that a hydrostatic bearing dynamic stiffness

is at all times greater than the static stiffness, and that there is

always considerable damping.

The approach adopted by Brown to his work may be considered as a useful

starting point, since, at the time of publishing, other authors had
b

not attempted a dynamic analysis. The theory probably needs revising,

however, and confirmed exPerimentally for some different pad geometries.
’

In 1964, Licht and Cooley (23) published 2 theoretical analysis of the
n ’
dynamic response of a hydrostaﬁic slider bearing. In this paper, no
y
. i onl
1ts are actually published except in the form of equations, y
results a
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trends are descri .
Cribed as g function of Squeeze number (defined as the

ratio of v )
o;ume flow rate of oil through the 1land clearance due to

vibration to the steady flow rate of 0il)

The conclusions reached are that for large squeeze numbers, if flow is

incompressible, then damping is considerable. (This seems to be

logical since a large volume of o0il will have to be squeezed through the

land clearance on each vibration cycle.) For compressible flow, however,

the effect is described as being 'like that of a pneumatic cylinder'
where fluid is compressed instead of being driven out over lands, thus
providing high stiffness but little damping. For small squeeze numbers,
Licht states that the compressible and incompressible fluids provide
similar results, ie little damping and no change from the static stiff-
ness (this would again appear logical since the low squeeze number
implies that for the incompressible fluid case, the flow fluctuatiomns
are insignificant and for the compressible case the fluid may tend to

flow rather than be compressed).

Licht's paper provides an interesting way of considering the functioning
of a bearing but the lack of any results, theoretical or exberimental,

means that ultimately nothing useful has been proved or disproved.

A further criticism is that it is not clear exactly how Licht considers

stiffness and damping to vary between squeeze numbers of zero and

infinity, a consideration which could well have been portrayed with a
! -

graph.

Ingert (24) in 1973, used Laplace transforms to determine the

characteristic equation for a hydrostatic bearing and from the roots o;

the equation finds the limits of stability. Equations are also determined
€ eq

hich describe the amplitude-frequency relationship. Ingert concludes
whic es

geometry parameters, instability is

that for realigtic values of pearing
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unlikely and that j . )
y lncreases in oil Viscosity, bearing area, and pocket

ressure 3
P together with decreases in the bearing clearance and oil

compressibility, lead to reductions in vibration amplitude, (this is
)

probably obvious since it effectively increases the stiffness of the

bearing). It is also concluded that the presence of air bubbles in the

fluid (high fluid compressibility) leads to excessive vibration levels.

This seems 1ogical since it effeCtiYelY removes most of the stiffness of

the bearing.

Ingert's paper is a useful example of how Laplace transforms may be used
to determine vibration amplitudes and stébility limits for a hydrostatic
bearing. It does, however, reach some conclusions which were probably
already apparent. Furthermore, the paper must be criticised from the
viewpoint that results are only presented in the form of equations and
no distinction is made between the stiffness and damping of the bearing

and how these vary with other parameters.

In 1974, Newton and Howarth (25) published a theoretical approach to
predicting the changes in operating variables for hydrostatic thrust
pads as a result of tilt and dynamic action. He used perturbation

theory to examine the effects of sliding movement of one bearing surface

relative to the other, and of squeeze action. Newton concludes that

stiffness and damping are a maximum under no tilt conditions.

In this paper no results are presented which describe the actual values

of stiffness and damping, only parameters which describe the change from-

the initial condition as a result of tilting and sliding. For the

i i also
parameters which are given, corresponding experimental values are

ted which differed from theoretical values by between 10 and 25%.
presented w .

i and
Although Newton's work sheds useful light on the effects of tilt
it is not useful from a vibration

sliding on a hydrostatic bearing,
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oint of vie i .
P W silnce the stiffness referred to in the paper is a static

stifiness, and the damping refers to a force as a result of constant

steady velocity., Thig Mmeans that the effects of o0il inertia and

compressibility are not encountered in the experimental work and do not

enter the theory. These factors may not always be ignored under

vibrational excitation, however,

In 1977, Tully (26) discussed the static and dynamic performance of an

infinite stiffness hydrostatic thrust bearing. 1In Tulley's bearing, the

restrictor is formed between the bearing body and a spring-mounted
conical plug. Decrease in film clearance due to an increase in 1load
leads initially to a higher pocket pressure, this increase in pressure
pushes the plug against its spring resulting in a decrease in restrictor
hydraulic resistance and a consequent further increase in pocket pressure

and corresponding increase in clearance,

.

Steady state performance curves of clearance and flow versus load are
presented for various cone angles and the dynamic response to forced
sinusoidal vibrations is examined using the conventional perturbation
technique. Frequency response curves for various plugs and damping are

presented. Tully concludes that a high static stiffness over a substan-

tial load range may be obtained and that stiffness is substantially

independent of load, which may be matched to requirements by selection

of bearing area and pressure; furthermore, the variable flow restrictor

serves to obtain maximum economy of lubricant supply under varying load

conditions (the supply automatically almost switching off under no load

conditions) The vibration analysis shows that the restrictor may be

designed to act as a vibration absorber.

1 in that it provides another interesting way of
e

Tulley's work is nov
foti i igh tiff-
hydrostatic bearing characteristics to obtain higher s
modifying hydr
i i tional
. .nt otherwise have been obtained using conventi
nesses than mig



orifices or capillarj
i
P es. The frequency response curves are informative,

showing the m i .
g agnitude of change in response that can be achieved with

different cones and different lubricant (the change of viscosity being

d to ch : .
use ange the damping). The results are incomplete, however, in

that although response curves are presented, the variation in dynamic

stiffness and damping with frequency is not shown. Also, the influences

of fluid inertia and compressibility are ignored, no mention of them

being made. The theoretical results might be more convincing if they

were confirmed experimentally.

Of the five papers discussed above, dealing with hydrostatic bearing
dynamics only one, that of Brown (22), is of any interest as far aé
hydrostatic bearing design for operation under dynamic excitation is
concerned. Those of Licht and Cooley (25) and of Ingert (24) provide
little information as to how stiffness and damping vary with frequency,
and Newton's (25) work is not really applicable since it deals with
steady loads and velocities. Tulley's work (26) is slightly more
relevant but he is more concerned with the dynamic response as a result

of using his restrictor design rather than a general assessment of
dynamic stiffness and damping.

The author concludes that his work may offer a contribution towards the

calculation of operating parameters in the design of hydrostatic

bearings subjected to dynamic excitation. The use of hydrostatic

=]

bearings by the author is original in that a) it is a special applicatio

supports for a journal bearing (although the idea

- to provide flexible

h b suggested by Heathcote (27) and b) the author proposes the use
as been .

f lators to COIltI‘Ol the dynamic characteristics of the beari g.
o accumula I n
The hat hile most au ors
ioid i w k s tems from the fact t w.
orlglnallty of the or th

i i high
dealing with hydrostatic bearings attempt to exhibit g
of papers deall
e in the machine tool industry, this work

stiffnesses, typically foT us
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is concerned with . L
maintaining a reasonably high static stiffness but a

dynamic stiff .
y ness which can be considerably reduced in a controlled

manner.,

At this stage it is appropriate to mention hydrostatic bearings that

are gas lubri .
g bricated, sometimes referred to as aerostatic bearings. These

are occasionally fed not from a capilliary or orifice at a single point
but through the entire working area of one of the surfaces, made to be
porous. A dynamic analysis of such bearings has beén carried out by
several authors, (28, 29, 30) being some, to determine either the
bearing stiffness and damping characteristics or the stability. The
results obtained from such analyses, however, are not directly
applicable to oil lubricated hydrostatic bearings because of the
compressibility of the fluid film that is assumed; generally, this
results in a much more flexible fluid film than would be obtained with
oil lubrication. A relationship between pressure and volume as
described by the gas laws is normally used but this relationship is not
applicable to oil. It is pertinent, however, to mention that the method

used in these analyses, namely a perturbation method assuming a linear

relationship between displacement and pressure for small amplitudes, is

the one that is used by the author in his analysis of oil lubricated

hydrostatic bearings (see section 3.2). The method has also been used

to analyse oil lubricated hydrostatié journal bearings, for example

reference (47). These are discussed in more detail in section 2.3.

Bearing Characteristics

2.3 Modifications to

it is recognised that the project is primarily concerned with taking an
s

isti bearing and designihg it such that a secondary bearing exists
existing be »

i i i ing a
around it, the secondary bearing 1D this particular case being
H

bearing is
hvd tatic bearing system. The purpose€ of the secondary be g
ydrosta



This being fhe case,

it i .
1s relevant to discuss previous attempts by

other auth .
ors to Qhange bearing characteristics by putting a secondary

bearing into the system. These attempts have included the use of

hydrodynamic o0il films, hydrostatic damping films, spring and oil film

damper combinations, electro-magnetic fields and hybrid bearings.

Shaw and Nussdorfer (30), researching into aircraft engine bearing

performance in 1947, were among the first to develop a full-floating
journal bearing. Their bearing consisted of a double journal bearing
system, the two oil films being separated by a rotating, separating ring
and the loading being applied by means of a weight via a lever and
fulcrum. The purpose of the research carried out by Shaw was not to
alter the dynamic characteristics of the bearing but to provide more
0il to the bearing, allowing it to run cooler without increasing the
bearing power loss unduly, as might result from merely pumping more oil
through the clearance. Whilst succeeding in reducing steady operating
temperatures of the bearing, Shaw frequently encountered ingtability.of
the bearing, sometimes of the inner film and sometimes of the outer, and

particularly under lightly loaded operation. It was also found that

under loaded start-up, the outer oil film frequently remained in a

seized condition.

ignifi i i d the path to further
Shaw's work is significant in that it opene P

research into second bearings around a conventional design of primary

instability and seizing at loaded
bearing. Because of the problems of

tart. however, it was hardly successful. The work also left a gap in
start, ,
he bearing, no mention being made of

the area of dynamic operation of t

i of shaft resonant frequency
i . ffness and damping OT
changes in bearing stif

ond oil film.

as a result of introducing the secC
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In 1954, Kettleb
orough (32) also carried out an investigation of a full-

floating journal bearing similar to that used by Shaw (31). Again, the

advantages i
24 being sought were a lower running temperature and reduced

frictional losses. Kettleborough!

S test rig consisted of a 3 inch

diameter shaft supported by two slave rolling bearings, the test bearing

between the two consisting again of one hydrodynamic bearing within
another, the separatingringbeing rqtating. Kettleborough was able to
show improvements in bearing running temperature and frictional losses
similar to those of Shaw (31) but also encountered the same problems of
bearing seizure at loaded start. Kettleborough also noted that the
specific loading that could be applied to the full floating bearing, as
compared to a simple journal bearing operating at the same shaft speed,
is less because the relative speed of journal to bush for each film is
lower, and hence the thickness of the oil film is smaller than in the
conventional jéurnal bearing. Kettleborough's model, unlike Shaw's,

did not exhibit any instability.

Again, Kettleborough's work leaves a gap where operating of the bearing
under forced vibration is concerned. Unfortunately, the validity of
some of Kettleborough's results could be called into question since he

used dial test indicators to monitor shaft vibration amplitudes, a

method which would be considered inaccurate by today's standards, but

even more important, used hydraulic cylinders to provide a static load.

The hydraulic cylinders would undoubtedly have an inherent stiffness and

would therefore affect the dynamic operation of the test bearing; this

t Kettleborough observed on his

brings into question the stability tha

model.

In 1968, O tt and Ng (33) also published a theoretical analysis of a

n , Orcu

bearing gimilar to those used by Shaw and by Kettleborough.
full-floating be

on of the net effective stiffness and

. ti
This paper did indicate the variati



of the two films,

The obj
Ject of the work wvas to demonstrate improvements

in fricti i
i 1ction losses and to provide detailed data on load capacity and

stability characteristics,

Orcutt attempted to confirm hig theoretical results with work on a 4 inch

diameter shaft supported in the test bearing at one end, and a ball-

bearing at the other. Static load was applied via a ball-bearing-mounted

puller, on a shaft section overhung from the test bearing. The puller

was connected to a low spring-rate coil spring. Dynamic excitation was

applied by shaft unbalance applied at the overhung section.

Orcutt concludes that theory relating to static operation is confirmed
experimentally but again, the problem of ring seizure during a loaded
start occurs. The case for confirming the theoretical values of bearing
coefficients rests on a comparison of whirl amplitudes; unfortunately
only experimental orbits are shown and the graph of whirl-major semi-axis
amplitude versus speed for theory and experiment, whilst showing agree-
ment to about 6%, does not allow for phase differences which could exist
and are nét mentioned. As far as stability is concerned, Orcutt suggests

in his introduction that the full floating bearing should offer improved

stability because of the presence of extra damping due to the presence

of two oil films; this statement is not substantiated with the

appropriate theory, however. Indeed, the results of the experimentas

work suggest that the opposite could be true since the number of

meaningful results taken was severely 1imited by many cases of
instability. It is also suggested here that the validity of the
experimental work for static anq dynamic characteristics could be
jeopardised by the loading of the shaft on one overhang, thus

f significant shaft distortion and mis-

presenting the possibility ©

alignment at the journal.



around a conventional bearing

Most of the research conducted on this

subject was for the aj i i
ircraft engine industries, however, where compressor

shafts runni i i .
1ng 1in rolling bearings frequently exhibited large amplitude

irling, i : :
whirling. The squeeze film dampers ilnvestigated were usually positioned

outside the outer race of a rolling bearing, the damper oil film being

continuous around the circumference'of the bearing. Because of the

continuity of the oil film, these dampers have no stiffness for purely
radial motion of the inner bearing surface, and hence of the rotor.
This means that if purely radial motion is present, or alternatively, a

static load, they are usually supplemented by a spring of some description.

In 1974 Thomsen and Andersen (34) published results of experimental
measurement of the damping coeffiéient relating to a squeeze film around
the outer race'of a rolling bearing mounted on a vertical shaft (no
static load). Thomsen's damper ring outer diameter measured 7 cm and
had an effective length of 3.5 cm. The damper ring was positioned by
means of four axial flex bars. Tests were conducted at speeds of up to
10,000 rpm with damper bearing radial clearances of 300, 180 and 118 um

and with oil viscosities of 0.006 and 0.020 Pa s.

Thomsen's experimental results compare reasonably well with theoretical

damping coefficients for which he puts forward a formula for only two

combinations of radial clearance and 0il viscosity examined. Errors of

the order of 25% are apparent for most of the other results published;
0

Th suggests that the reason for the discrepancy in the results could
omsen

be th loved method of feeding the oil which could affect the boundary
e e employ

conditions for the film.

. »in of the equation put forward
i tion of the origin
Thomsen gives no explana
t gives an
ti damping coefficient put he concludes that it g
for calculating
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agreement with practj .
practice that 1s acceptable, Certainly the calculated

Another paper presented by Mohan and Hghp (35) in 1974 gives design data

for squeeze film dampers Supporting g rigid rotor. The paper contains

theory for galculating bearing forcg transmissibility for various excita-

tion frequencies. The paper describes a number of stable synchronous

circular modes of operation including the inverted (where rotor dis-
placement and exciting force are out of phase by about 180°) and
uninverted (no phase difference), stating that the inverted mode should
be the design objective since this mode gives lower transmissibilities.
Data is also presented concerning a 'critical unbalance' above which the

squeeze film bearing mount behaves worse than a rigid support.

Mohan's paper does not present calculated and experimental values of
bearing damping coefficient which would have been useful for comparison
with Thomsen's results. The paper is nevertheless a good starting point
for potential designers of squeeze film bearings, and a useful design
example ié'included. Mohan's results are not backed up by any experimental

work, however, and this must leave a question-mark over his theory.

In 1976 two further papers dealing with the subject of squeeze films

around rolling bearings were published. That by Botman (36) describes the

results of experiments on a pressure—fed damper for a vertical shaft at

speeds up to 60,000 rpm. Experimental results are shown for the variation
!

of response amplitude force transmissibility and oil film limiting
’

of the damper is also shown and th

ing and stiffness.

variation of bearing effective damp

e of response amplitude and of limiting

Whilst results showing increas



frequencies.

Botman .
concludes that experiment and theory agree reasonably
well for speeds below that at which cavitation of. the oil film occurs and

that the limiting speed of operation of the bearing in high speed

applications, must be set by the onset of cavitation

Botman's equations describing speed for onset of cavitation for a given

0il pressure and effective bearing stiffness and damping offer a useful

contribution to the subject. Although his theory develops an equation

for damper coefficient which bears some resemblance to that used by
Thomsen (31), his predictions of force transmissibility leave something
to be desired.. The experimental transmissibility measurements show a
trend not unlike that predicted by Mohan (35) although, unlike Mohan's
paper, Botman's work assumes a flexibility of damper bearing support

systems also.

Hahn followed up his work with Mohan by presenting another paper in 1976
as co—authbr with Simandiri (37) on the effects of pressurisation on the
vibration isolation capability of squeeze film bearings. Ir his iS74

paper (35), Hahn spoke of possible bistable operation of the damper
! "

bearing in inverted or uninverted modes (the inverted mode providing

lower transmissibilities), depending on the bearing design and operating

conditions The 1976 paper shows that pressurisation of the oil film

j jon' where no sudden change from one
tends to increase the 'jump free reg

. . ced
d £ ation to another is likely. Simandiri and Hahn also deduce
mode of oper

ibili id fi vitation
that . sation reduces the possibility of f£luid film ca
at pressurils
hirl orbit
1ti in full film lubrication and hence smaller w
resulting |
increases slightly with pressurisation.

. st 11 however,
amplitudes; transmissibility,



The variation of g
ystem resonant frequency with damper bearing design

parameter is also shown

the

Whilst providi
providing adequate data to design such a squeeze film d
amper,

om PR )
phenomenon of bistable operation is not fully explained and it i ¢
1 1s no

clear what ; .
exactly decides which mode of operation the damper will run

. T i
at he theoretical work Presented by Simandiri and Hahn was, again

not backed up with experimental results

In 1977, Hahn produced another Paper with Rabinowitz (38) which summarised
the findings of his previous papers (35,37). The emphasis of this paper

was on the stability of the bearing, and it was concluded that for

maximum stability the bearing should be operated with a pressurised oil
supply and at low eccentricity orbits. “Again no experimental results

were evident to back up the theory.

Anotpgr paper was published by Gunter, Barrett and Allaire (39) which
provided guidelines for the design of squeeze film dampers. This study
investigates the transient response of the dampers in addition to the
steady state response. The steady state equations for the hydrodynamic
bearing forces were used to determine the damper equivalent stiffness
and damping coefficients, and thus to determine the damper configuration

which would provide optimum support characteristics from a stability
point of view.

s ; i i iffness and
Gunter's results show the variation of bearing effective stiffne

damping and of limiting pressure for cavitation, all with eccentricity.

part-root of the characteristic equation with support damping.

are whirl orbit traces of compressor shafts with

presented in this paper

of squeeze f£ilm dampers, designed using the
e

and without the presenc

method outlined.
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Gunter concludes th .
at for Optimum stability and low force transmissi-

bility, the squeeze fj .
) q film bearing shoulq Operate at an eccentricity ratio

of about 0.4. H
e also suggests that for g given damper design there is

a limit to
the level of self-excitation that it can stabilise It is

shown that i .
excessive squeeze film stiffness or damping will reduce the

effectiveness of the damper,

Whilst the experimental traces of compressor whirl orbits presented are

encouraging, there are no corresponding theoretical results with which

to compare them. This means that Gunter's theory may also be called

into question.

Further papers, dealing with squeeze film dampers, published in 1980,

include that by Taylor and Kumar (40) and that by Cookson and Koésa (41) .

In the paper by Taylor (40) the stability of the squeeze film damper is
analysed and the non-linearity of the oil film is taken into account.
The analysis involved the determination of the steady-state operating
position and then, assuming the shaft to be displaced from this position,
calculating the fluid film forces on the bearing using the integration

of Reynolds equation as a starting point, and examining the resulting

motion in a given time interval. At the end of that time interval a new

operating position would have been reached and new film forces were

calculated. The criterion for stability was that the bearing would

return to its original steady-state operating position if sufficient time

steps were investigated. A forced vibration frequency response for the

bearing system was also presented.

around the full circumference

Taylor examined the cases for an 0il film

f the bearing (27T £ilm) and for an 0il film around only half of the
o e bea

d almost
i f (1 f£ilm), and concluded that the 2T film behave
circumference ’
21 films
The transient responses were different for the T and ,
linearly. e tra



with a number of pogsip
le steady-state operating positions being possible

for the T film for given conditions

Whilst providin .
P & @ further insight into how squeeze film dampers can be

analysed for thei
y heir steady-state and dynamic response, Taylor's results

are not com i .
pared with any experimental data and so the accuracy of his

method is not confirmed,

In the paper by Cookson and Kossa (41) the effect of a squeeze film

damper without a centralising Spring on the frequency response of a

flexible rotor was examined. The short bearing approximation of Reynolds

equation was used as the starting point to determine the fluid film

forces for a T film model. Amplitude and force transmissibility response

for various excitation frequencies were presented and the effect of
different rotor and bearing masses, different static loads, and different
bearing geometries was examined. Responses were compared to that of the

rigid system (no squeeze film damper).

Cookson concluded that the best response would be obtained with a low
static load and with the rotor mass positioned towards the rotor mid-
span. It was also shown that for un-optimised running conditions the

response could be significantly worse than would be obtained without

squeeze film dampers.

Cookson's paper shows a method of analysis similar to that used by

other authors, but experimental results are again not included for

comparison. The disadvantage of his analysis is that it assumes a

in fact the m film is very non-linear. This means

linear oil film when

that the analysis is only applicable to the case where vibration

amplitudes are small.

¢ work has been done to establish the relations
w

A substantial amount O
i 1m dampers and
between loads, deflection and velocity for oil fi p
14
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experimenta
p ata has been Obtained on g number of I‘igS i
1 d n attemp ts to

de tel min i i
. I I N ()Wever, resu

show considerab .
le scatter ang it must pe concluded that the theoretical

lightweight turbomachinery in aerospace applications, their use on heavy

machinery such as a turbine generator rotor is yet to be seen. Such an

application is not beyond possibility, however.

There are also two other novel ways of modifying shaft dynamic behaviour
that have been investigated. These methods include the use of sp'rings
and dampers to provide foundation flexibility at a rotor shaft bearing

and the use of electro-magnetic devices to provide shaft damping.

In 1979, Nikolajsen and Holmes (42) conducted an experiment on a 2 inch
diameter shaft supported in journal bearings which were surrounded by a
squeeze film damper similar to that whose use with rolling bearings was
discussed earlier (31-36). The ring separating hydrodynamic'and damper
films was supported b}; three guide rods of Belleville washers,

positioned circumferentailly around the separating ring, with the guide

i th
rods' axes pointing towards the centre of the bearing. Whereas other

authors (31-36) had relied on retainer springs only to centralise the

shaft in the damper film, Nikolajsen was now able to use the stiffness

of his retainer springs to actively modify the bearing characteristics.

. ille
Support stiffness was varied by changing the number of Bellevi

. . 3 ing was
washers used to locate the separate ring whilst support damping

s ilm clearances.
altered by using different oil viscosities and damper film

€ e variation of
heoretical and eXperimental results on t
Nikolajsen's t h
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otor vibration i i
. amplitude with rotational speed, for vari
. , arious values of

support dauping agree well showi
) OWing a significant d
€crease in response

litude with .
mP with decrease in support damping, for the range of damping

vestigated. :
in g The theoretical approach to variation of rotor amplitude

with support stiffness shows some decrease of critical speed and
an

corresponding resonant amplitude with decrease in support stiffness

The corresponding experimental results, however, show little variation

of critical speeds or response amplitudes for the range of stiffness
investigated, a discrepancy whichvis not explained. A considerable
improvement in rotor stability was observed theoretically and experimentally
when suitable external damping is employed, although some non-linear
subharmonic steady-state vibrations or orders up to four could not be

eliminated.

Nikoiajsen's work clearly demonstrates how effectively shaft vibration
can be controlled by varying bearing foundation stiffness and damping.
It should not be concluded frém the work, however, that further decrease
in support damping beyond those values chosen for experimental investiga-
tion will necessarily result in 'a decrease in rofor response amplitude.

This trend is only true for the particular values used by Nikolajsen.

Some correlation, then, might be found with the work of Kirk and Gunter

(12) whose work indicates that there is an optimum value of support

otor response amplitude. It is difficult

damping which gives minimum I

to compare the two papers directly, however, because of the different

parameters used by the different authors. Whilst Nikolajsen's work

erator industry, it cannot be

remains of interest to the turbo-gen

s relating to flexible damped

claimed that it answers all question
| it i jcult to imagine
supports for generator rotors; indeed it 18 difficu

n a 1200 MW generating set!

scaled-up giant Bolleville washers ©



- 38 -

Nikolajsen produced a further Paper inp 1979
as co-

author with Holmes and

Supplying the electromagnets, the particular electromagnets energised

depending upon the instantaneous vélocity of the shaft

The results presented for a rotor bearing system consisting of 52 mm
diameter shafts totalling 3.2 n long and ruﬁning in four journal
bearings show good agreement with theory for response amplitude local to
the first critical speed, results for higher criticals not being presen-
ted. Response at the first critical speed was reduced in both cases as
damping capacity of the electromagnets was increased. In addition, it
was ‘fdund that the damper was effective in suppressing system instability
associated with fluid film bearings and the second order vibrations
associated with shaft stiffness asymmetry. For the cases examined the

instability was not completely eliminated, however.

Whilst this paper offers an alternative to mechanical methods of rotor

vibration damping, the work has yet to be extended to a shaft of the

size used in a turbine generator. The damper used by Nikolajsen was

used in conjunction with standard journal bearings and is not a new

design of bearing in its own right. This means that the disadvantage of

i ary.
the need for additional mounting space around the shaft is necessary

j ibl ower
A pertinent point not discussed in the report 1s the possible p

ifi d how this
i dineg power amplifiers) an
consumption of such a damper (including p

3 1 bearings.
compares with frictional losses in the journa

i S d fOI‘ mOd' yi [[g
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at is by wa i
Th y y of applying external Pressurisation to one or several

t port
inlet ports around the bearing bush, Such hydrostatic journal bearings

(or hybrid bearings ag they are often termed) are well documented in

it . .
the literature for both their static characteristics (14,15,16,18,644-46)
) 3 ]

and dynamic characteristics (47-49), It has been shown in these papers

that both static and dynamic characteristics can be altered by changing

flow restrictor design, operating eccentricity, bearing geometry and

other design parameters.,

The design of such hybrid bearings primarily depends on the angular
variation of the applied load. When the load angle does not change a
single hydrostatic pad is normally used. However, multipad hydrostatic
journal bearings may be used to increase bearing stiffness and/or
provide lateral stiffness. For rotating loads a number of pads are

distributed around the bearing circumference.

The use of such hybrid bearings in place of journal bearings to modify
dynamic behaviour of generator rotor shafts, by altering one of the

bearing operating parameters, is apparently a possibility.’ It does,

however, suffer from’a number of disadvantages. The optimised design of

hybrid bearing for stiffness and load carrying capacity, and minimum

pumping power, results in a bearing whose bush surface area is largely

occupied by hydrostatic pocket rather than land. Only when the bearing

i iable
operates at high eccentricities is the hydrodynamic load apprecia , .

nces frictional 1ossés are considerably higher

and under these circumsta
i i re ri while
than pumpi losses; the latter results 1n high temperature ises
p plng ’
i ‘ t to bearing
centricities mean that there ig a danger of shaf
high eccen

contact.

ing without the
then that the operation of such a bearilng
It can be seen |
1y hydrodynamic action, is not feasible.
urely hy y

hydrostatic supply, je under P



- 40 -
Thi .
$ means that the pumping losses attributable to the hydrostatic

bearing would have to be endured even if no change in dynamic charac-

teristics was desired. A further disadvantage of the use of the hybrid

bearing for control of dynamic characteristics is that altering one
characteristic, eg damping, by modifying, say, the flow restrictor,

would automatically influence other operating parameters, eg load and

stiffness.

To summarise the present position concerning bearings with special
design features for modifying their characteristics, a number of types
have been studied. The full floating ring bearing (31,32,33) has not
been researched into recently, apparently being dropped for the time
being due to the problems of ring instability and seizure during loaded
start. Damping films usually in conjunction with some form of
centralising spring have been investigated by many authors (34-42) but
experimental results still show frequent departure from theory.
Experimental work with this type of bearing has yet to be carried out
for bearings of the size used in the turbine generator industry. An
electromagnetic damper has also been studied (43) but only for use on a
transmiséioﬁ shaft and this would be required in addition to a normal
bearing. Operating characteristics of hybrid bearings are well
documented (44-49) and although such a bearing has certain control
parameters which might be used to alter rotor response characteristics,
ie inefficient hydrodynamic action and the dependancy

other disadvantages,

of several operating characteristics on each control parameter, mean

that this is not an obvious solution to the problemn.

As far as the author is aware, the use of a combined hydrostatic and

hydrodynamic bearing similar to that investigated in this thesis has

not yet been studied by any other author. The work contained in this

thesis is original in this respect.
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CHAPTER THREE

THEORETICAL ANALYSIS OF THE HYDROSTATIC BEARING

3.1 Static Characteristics of one Hydrostatic Bearing

This section develops the equation for flow out of one hydrostatic
pocket, considering only static operation. This equation is then used
to determine the other static characteristics of that hydrostatic

pocket, namely supported load and required pumping power.

Consider the diagram in fig 3.1 showing a general operating position of
a single hydrostatic bearing pad of part cylindrical form. The dis-
placement of the floating ring from a position concentric with the
hydrostatic bush is described by x and y displacements (or alternatively
by e, the eccentricity and ¢, the attitude angle). The nominal (design)
film clearance of the hydrostatic bearing is c,. Movement of the
floating ring from the concentric position is:

from left to right x = e Sin ¢ . . . 3.1

upwards y = - e Cos ¢ . . . 3.2
The film clearance at any angle O is:

c=c¢y, - x Sin 8-+ y Cos 0 ... 3.3
At this stage a 'mid-land' type approximation is used, similar to that
used by Raimondi and Boyd (14) which assumes that oil flows over the
bearing lands only in a direction perpendicular to the land centre line
and that the pocket pressure is active over an area defined by the land

centre-lines. The accuracy of this approximation is discussed in

section 3.5.

If the bearing bush radius of curvature is R, the oil pocket pressure P,
0oil dynamic viscosity U, and hydrostatic pocket land width W, the oil
flow through an element df, as shown in fig 3.1, over one of the curved

lands (not shown on fig 3.1) ie, out through the plane of the page, is:
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c®R db pp
dQ =
12 4 W
and substituting the value of c¢ from equation 3.3 gives:

- PER '_ L 3
dQ = 75 W [co + ¥y Cos O -~ x Sin 6]° d6 ... 3.4
Integrating this, the total oil flow through both curved lands is

determined as:

3 : . .
- M_Q._ 4 0 _1_ 1 oz 1 a 2 2 .
= T2 [ T o 2Y“““f’* oz 60 7 +x) +38in2a

Sin’a "sin’a
e 2y 222 29) . 3.5

(y2 - x%)) + E%? (4 y® (sin a - P50 + 12 xfy g
If the length of the hydrostatic pocket from land centre-line to land
centre-line is L, then the total oil flow through the two non-curved
lands at O and - o shown in fig 3.1 is:

_PE__.L_. [cO +y Cos (- Q)

. a — 13
Q=73 W [co + y Cos x Sin a]® + 12 U W

- x Sin (- »]?

which on re-arranging gives:

3
=2p L co 1 S 2 coal + 6 x° SinZa)+
Q TR [2 + co 6 y Cos O + o2 (6 y° Cos x° Sin“q)

-;lg (2 y® Cos®a+ 6 x’y Sin? o Cos )] ... 3.6
o : !

Then the total oil flow out of the hydrostatic pocket is given by

summing the two flows of equations 3.5 and 3.6 as below:

1
where f(x, y) = [(2 L + 4R ) + — (12 Ry Sin g + 6 L y Cos a)
o

+ —33—(6 Ra (y2 + x2) + 3R Sin 2 a (y% - x°)

Co
+6 y? L Cos? a + 6 x” L sin® )
1 . Sin’a , _ Sin’a
. 3 . _
+ :;ﬁ-(4 Ry~ (Sin & 3 ) + 12 R X"y 3

+ 2Ly’ Cos® a + 6 L x? y Sin? o Cos a)] . 3.8
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For small displacements 0x and 8y of the floating ring about the
steady operating position described by x and y, the change in total oil

flow out of the pocket will be given by:

3
_Pp co”
Ay = 75 U W

fx Ox + fy Oy . . . 3.9
where fyx is the differential of f(x, y) with respect to x and fy is the

differential of f(x, y) with respect to y. These are given by:

1v

fx = [Tz (12Ra x - 6R x Sin 2 0+ 12 x L Sin? o ) +
(o] : .
1 Sin®
—3 (24Rxy _ig_g +12 L x y Sin® o Cos )] . . . 3.10
(o] . .
and
£y = [— (12 R Sin 0.+ 6 L Cos Q) +
Co
1 . 2
'c—2(12ROLy+6Ry»Sln2G.+12yLCOS Q) +
(o]
1 2 Sinaa 2 Sin’a
—% (12 R y° (Sin o - =7—) + 12 R x* =——
Co 3 3
+ 6 L y2 Cos> a + 6 L x2 8in? a Cos 0)] . . . 3.11

Equations 3.9 to 3.11 are not used to determine the hydrostatic bearing
static characteristics but have been developed at this stage for
convenience. The flow into the hydrostatic pocket through the
capiliiary from the éupply is given by:

Q = Ks (Ps - Pp) . . . 3.12
where Ks is a constant, the value of which is determined by the geometry
of the feed capilliary, and Ps is thé supply oil pressure. This in flow
must balance the flow out of the hydrostatic pocket.across the lands,

hence:

3
P c
ks (Ps - Pp) = if%};ﬁ%— f(x, y) ' . . . 3.13

It is convenient to define the capilliary coefficient Ks in terms of the
ratio of pocket supply pressure at the design position, ie with the

floating ring concentric with the hydrostatic bush. Defining pressure
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ratio in this position as B, and equating flows in and out of the
pocket gives:

B co3 -
Ks_l—BlZpW (4 Ra+ 2L) .

.. 3.14

Equation 3.14 defines the value of flow resistance required for a
given hydrostatic pocket to operate at any selected B ratio

operating parameter. Substituting 3.14 into 3.13 gives:
B 4RrRo+2L)
s 1 -8 D . .« . 3.15

e
P T (4Ra +2L) + £ (x, ¥

P

Equation 3.15 gives the steady value of pocket pressure for the hydro-
static bearing, then the load on the bearing is:

F =P A ’ ... 3.16
y P :

where A is the projected effective area of the hydrostatic bearing

(defined by the centre-line of each of the hydrostatic bearing lands).

The total pumping power required by one hydrostatic bearing pad is
defined by:

P=Q, P_ - | | ... 3.17

3.2 Dynamic Characteristics of one Hydrostatic Bearing Pad

In this section the hydrostatic bearing is assumed to be operating under
forced dynamic excitation, and is assumed to have an accumulator
connected to the bearing pocket thus influencing its operation.
Equations determining the various instantaneous oil flows into and out
of the bearing pocket are determined, and developed to give the bearing

dynamic operating coefficients.

Consider the oil flow equations for the system shown in figure 3.2.

For flow from the oil supply into the pocket:

1 dQs ’ :
-P = + Is — = : ... 3.18
Ps Pp Ks Qs S dt
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FIG 3.2 DIAGRAM OF THE HYDROCZTATIC
BEARING QOIL WAY CONNECTIONS
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where Qs is the o0il volume flow rate, Ks is the inverse of flow
resistance provided by the feed capilliary and Is is an inertia
coefficient which allows for the fact that we are considering unsteady
flow and that the net pressure has to first accelerate the fluid as well
as overcome viscous resistance to flow. Normally, the inertia term will
be small, but for lohg capilliaries it may become more significant than

the viscous term as the mass of fluid in the capilliary becomes large.

Similarly for flow in the accumulator oil line

Qa + Ia 22 ... 3.19

Pp - Pa = at

Ka
where Qa is the o0il flow from the hydrostatic pocket into the accumulator,
Ka is the inverse flow resistance, and Ia is the appropriate inertia

coefficient.

As the two bearing surfaces shown in fig 3.2 move away from each other
(due to part of a vibration cycle) then the volume of oil contained

between them is increased at a rate given by:

I A 3.20
Qv = A 3y , ... 3.

where Qy is the volume flow rate of oil to fill the available space, A
is the effective area of the bearing defined by the land centre lines,
and dy/dt the velocity at which the upper bearing surface moves away
from the pocket surface. This extension of the 'mid land' approximation
to define effective bearing area assumes that as the bearing surfaces
approach each other at the lands, half of the oil on the land flows

back into the pocket and half out to the drain area. These flows are,

of course, superimposed on the steady oil flow out of the pocket.

The pressure changes in the accumulator are described by the accumulator
operating characteristic B as:

dPa » 3.21
— = B . - . .
dat Qa
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The three flow equations 3.18 to 3.20 are related by the fact that a
flow balance exists, ie 0il does not appear from nowhere and does not
disappear. 1If Q2 is defined as in equations 3.7 to 3.11, and if the
01l is assumed to be incompressible then we may write the flow balance
equation

Qs - Qv - Qa = QL

3 3 3
Pp co Pp ¢ Pp cq
= f(x, y) + 12 UOW fx Ox + 12 4 W fy 6y 3.22

If 0il compressibility was taken into account then equation 3.22 would
have to be modified accordingly. In practice, however, the additional

flow term to be included is small compared with the other flows.

Assuming that the floating ring vibrates sinusoidally in its hydroétatic
bush and that the vibration amplitudes are small enough to cause o0il
pressure and flow to vary lineariy with floating ring displacement, then

these parameters also vary sinusoidally. Then:

8y = Yo Sin w t . . . 3.23
§x =X, Sinw t + X; Cos w t ... 3.24
Pp =Ppp + €1 Sin w t + €2 Cos w t .« . 3.25
Pa = Ppo + Y1 Sinw t + Y2 Cos w t K . . 3.26
QS=QSO+TISiriwt+Tzc'oswt ... 3.27
Qa=an+wISinwt+wzcoswt « . . 3.28

Where Y is the amplitude of vertical vibration of the hydrostatic bearing

surface relative to the pocket surface, X; and X, are the in phase and

out of phase horizontal vibration amplitudes, €; and €; the in phase and

out of phase pressure fluctuations in the hydrostatic pocket, 7Y, and Y2

the in phase and out of phase pressure fluctuations in the accumulator,

T; and T, the flow amplitudes in phase and out of phase for the supply

0il line, and Y; and Y the in phase and out of phase flow amplitudes
’

for the accumulator oil line.
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Substituting equations 3.23 to 3,28 into equations 3.18 to 3.22 gives

) . 1
€1 Sinw t - €, Cos w t = ko (T1 8inw t + 15 Cos w t)

*Isw (1) Coswt -1, Sinw t) « .. 3.29

€1 8in w t + e Cos w t - y; Sin w t - vy Cos w t

1 .
Xa (Wl Sin w t + Yy Cos w t) + Ia w(P; Cos w t - Y Sin w t)

]

. .. 3.30
Q, =AwY¥Cosut ' 4 ... 3.31

Y] wCos wt -1y wSinw t =B Sin w t + Y2 Cos w t). . . 3.32

Q + 711 Sinwt+1pCoswt-AwYCoswt-Q - P71 Sinw t
: ao

Ppo f(x,y) + £f(x,y) (¢1 Sinw t + €5 Cos w t)

+ P f (X; Sinw t + Xy Cos w t) + (¢7 Sinw t + €3 Cos w t)

1
<
N

Q
(=}
0]
€
ot
1]

f Si + X + P i i
x (X{ Sin w t 2 Cos w t) po fy Y Sinw t + (e Sinw t

+ €2 Cos w 't) fy Y Sin w t . . . 3.33

Considering equation 3.33 it may be seen that some of the terms cancel
each other out since Qso = Ppo co3 f(x,y)/12 u W, Furthermore, the
steady flow in the accumulator line, an has to be zero since it forms
a closed part of the system. Further simplifications may be made if we
consider that products of small terms may be ignored since these will
be insignificantly small, namely the products f(e1,ep). £(X1, Xp) and
f(ey,ep).Y. Equation 3.33 may then be rewritten:

T1 Sin w t + T2 Cos w t-AwYCoswt-yY; Sinw t - P Cos w t
= f(x,y) (g1 Sin w t + €2 Cos w t) + Ppo fx(Xl Sin w t

+ Xp Cos w t) + Ppo fy Y Sinw t ‘ . e e 3.34

Comparing terms of Sin w t and Cos w t in equations 3.29, 3.30, 3.32 and

3.34 yields eight further equations which are written below in matrix

form.
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-1 0 -1/Ks Igw 0 0 0 0 i e: 0 i

0 -1 -Igw -1/Ks 0 0 0 0 €, 0

1 0 0 0 -1 0 -1/Ka Igw T, 0

0 1 0 0 0 -1 =-Igw =-1/Ka| |T2|= 0

0 0 0 0 0 -w -B 0 Y; 0

0 0 0 0 W 0 0 -B Y2

. : ' P, f, X
-£(x,y) 0 1 o o0 o -1 o0 ¥, po ’f‘ 31{
. +Ppo y

0 -f(x,y) O 1 0 0 0 -1 Y2 AwY+Ppy fx X,

. i A I 3
. . 3.35

The inertia terms Ig and Iz may be evaluated by considering the force
to accelerate a column of fluid. Note that this will be only a fraction
of the total force available, the rest of the force being used to over-
come viscous resistance. Applying Newton's second law gives:

AP a=mv . . . 3.36
where AP is the pressure difference across the column of oil, a is the
cross-sectional area of the tube, m the mass of fluid contained in the

tube and ; the acceleration of the column of fluid. Then

vp

: ' .. . 3.37
aQ

AP =
where V is the volume of 0il in the pipe and p the oil density.

Comparing equations 3.37 and 3.20 and 3.21 it can be seen that the

inertia coefficients are given by

1 =22
a

_p . . . 3.38

a

where £~ is the length of the tube connecting the pressure supply to the

hydrostatic pocket (Ig), or connecting the hydrostatic pocket and

accumulator (Ia). Note that a corresponding inertia coefficient for

oil at the hydrostatic bearing lands would be insignificantly small

compared with the other jnertia terms and can thus be neglected.
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Equation 3.35 was solved on a HP98454 desktop computer to determine
values under various operating conditions of €, €2, etc., It is the
values of Ei and €,, ie, the pressure fluctuations in the hydrostatic
pocket which 1ead'to the determination of the stiffness and damping for

the bearing. The force-displacement relationship for the top bearing

surface of fig 3.2 may be written

Fy = yKyy + xKyx + yCyy + xCyx ... - 8.3
where Fy is the fofce in the y direction, Kyy and Cyy the direct stiff-
ness and damping in the y direction and Kyx and ny the stiffness and
damping in the y direction corresponding to displacement and velocity
respectively in the x direction (the cross-coupling terms). Equation 3
neglects‘the force arising due to squeeze film damping at the bearing
lands. This action would result in an additional parabolic pressure
distribution at the bearing land over and above the linear distribution
assumed by the mid-land approximation. The force due to squeeze film
damping is discussed in more detail in section 3.4 where it is shown to

be insignificantly small.

If the motion of the top bearing surface relative to the bottom bearing

gurface is:

y=YSinwt . . . 3.40
and x = X Sin (w t + ¢7) .. . 3.41
then

§ =wYCoswt A . 3.42

X=wX (Coswt+ 0 .. . 3.43
and the corresponding force is

Fy = Fo Sin (W t + 67) | .. 3.44

where Y and X are the vibration amplitudes in the y and x directions

respectively, Fo is the force amplitude in the y direction and ¢~ and

6” indicate phase angles of the x displacement and y direction force

respectively relative to the y displacement. Note that there is no
H

.39
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force in the x direction because it is assumed that the pressure in the
hydrostatic pocket is uniformly distributed over the pocket area, and
the pocket éxtends an equal amount in the positive and negative x
directions. Substituting equations 3.40 to 3.44 into equation 3.39, and

comparing coefficients of Sin w t and Cos w t gives

Fo Cos 07 = Y Kyy + X Kyx Cos ¢” - w X Cyx Sin ¢ . . . 3.45
Fo Sin 67 = X Kyx sin 6" +w Y Cyy + w X Cyx Cos ¢" . . . 3.46
If X = 0 then
K _ Fo Cos 67
yy =Ty . . . . 3.47
c.. = Fo Sin 6°
vy —iL_5§——a~ . . . 3.48
and if Y = 0 then
_F . . -
Kyx = 3?- (Sin% ¢~ + Cos ¢~ Cos 87) . . . 3.49
F
= -_Q . » - »
Cyx X Sin (@ d7) . . . 3.50

The pressure fluctuations in the hydrostatic pocket are described by

Pp = € Sin (w t + 67)

€(Sin W t Cos 8" + Cos w t Sin 87)

|

€; Sinw t + €2 Cos w t . .. 3.51
then the force amplitude Fo is given by
Fo = A Ve % + €2° . .. 3.52
and the phase angle 0” by
8” = tan ! [e2/€;] ..
all four stiffness and damping coefficients for the hydrostatic

Hence

pocket are determined.
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3.3 Operating Coefficients for the Complete Hydrostatic Bearing

The theory developed so far refers to a single hydrostatic bearing pad.

A complete hydrostatic bearing bush may have several such pads
positioned at various localities around its circumference, however,

For example, the bearing discussed in section 6.4 has hydrostatic pockets
at four different angular positions. This section discusses how the
operating coefficients for each individual pad may be used to determine
operating coefficients for the complete hydrostatic bush. Consider the
hydrostatic bearing shown inclined at an angle § in fig 3.3. Motions in
the local x and y direction for the bearing, ie in the xz and yg

directions are

dxg = dx Cos § + dy Sin § . . . 3.54

L

dyg = dy Cos & - dx Sin § . . . 3.55

The forces in the global x and y directions are

Fx = Fxy Cos § - Fyg Sin § .. . 3.56

Fy = Fxg Sin 6 + FyQ Cos S . . . 3.57

The individual bearing force in the xg direction, Fxg, is always zero
and the force in the y direction, Fyg, depends on the stiffness and
damping éoefficients for the bearing, hence using equations 3.54 and
3.55, equation 3.56 becomes
Fx = - Sin § [Kygyi(dy Cos & - dx Sin §) + Kygxg(dx Cos § + dy Sin &)
+ Cygyg(dy Cos § - dx Sin 8) + Cygxg(dx Cos § + dy Sin 6)]
. .. 3.55

But Fx = Kxx dx + Kxy dy + Cxx dx + Cxy dy . . . 3.589

py definition. Hence, comparing coefficients of dx, dy, d% and dy in

equations 3.58 and 3.59 gives

Kxx = Kygyg gsin? § - Kygxg Sin § Cos § . . . 3.60
' .2

Kyy = = Kyqyg Sin S Cos & - Kygxg Sin § . . . 3.61

Cxx = Cygyg Sin’ & - Cypxg Sin § Cos § . .. 3.62

.2
- Cygqyy Sin § Cos 8 - Cygxg Sin 8 DR 3.63

i

Cxy
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local x and vy directions

global x and y
directions

— X

FIG 3.3  GENERAL POSITION OF A HYDROSTATIC
| BEARING PAD
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Similarly, equation 3.57 may be developed to give

Kyy = Kyfy? Cos® 6 + Kylx? Sin § Cos & . . . 3.64
Kyx = - Kyfy2 Sin 6 Cos & + Kylxf Cos? & . . . 3.G5
Cyy = Cyfyf Cos? & + Cy2x2 Sin 6§ Cos § . . 3.66
Cyx =

- Cyly2 Sin 6 Cos § + Cyfx% Cos? & 3.67

Since hyd i ; .
ydrostatic bearlngs are positioned in the hydrostatic bush at four

different = ) ,
nt angles ¢ 0, ®/2, 71, 3 1/2 then to determine the coefficients

fo R '
T the complete hydrostatlc bush we must add the appropriate values, ie

Kyy = Kyy(S:O + Kyy6=

bush 72 KV gen K9V sogn /9

= Kyly2 + 0 + Kyyl + O

= 2 Ky2yd .. 3.68
Similarly
Kyx = 2 Kyix®
bush .. . 3.69
Kxx = 2 Kylyl
bush yERYE . .. 3.7
Kxy = - 2 Ky2x2 ' . 3.71
bush Tt -7
Cyy = 2 Cylyl -
bush e e 3.72
Cyx = 2 Cyix% . . . 3.73
bush
Cxx = 2 Cylyl . . . 3.74
bush :
Cxy = 2 Cy2x{ .. . 3.75
bush :

Hence operating characteristics for the complete hydrostatic bearing are
determined. The theory described above, and in sections 3.1 and 3.2 was
transformed into a computer program (see section B-I) which could be used

by the designer of such a hydrostatic bearing bush.

3.4 Squeeze Film Damping Effects

One additional source of damping which has not been considered thus far

is squeeze film damping at the 1ands of the hydrostatic bearing pads.

During vibration oscillations of the bearing surface against the lands,

the oil in the clearance must move accordingly to allow the clearance to

decrease or to fill the gap as the clearance increases. Reaction to

this fluid motion is provided by viscous shear forces against both
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bearin ; .
g surfaces and gives rise to squeeze film damping. An estimation

of the magnitude of squeeze film damping is shown below. Considering

the land shown in fig 3.4 the flow equation for the oil in the clearance

may be obtained from Reynolds equation

d (¢ dp) _de

dx \ 12 1 dx at ‘ ... 3.76

Integrating twice with respect to X, assuming dc/dt constant, and
applying the boundary conditions p = 0 at x =+W/2 yields values for
the constants of integration. Hence, the equation 3.77 describing the

pressure distribution over the lands is obtained.

2 . 2
_ 12y de) x= _ [de) W
P = 53 il 3 ! 8 ... 3.77

The force opposing motion of the bearing surfaces relative to each other
is given by integrating p over the land area.
Then, if the length of the land is £, the total force offered by the

squeeze film action is

de w3 ‘
F = _g w'u . . 3.78
dt c3

But the damping coefficient is related to damping force by

de
= - —_ . . . 3.79
F C at .

then by comparing equations 3.78 and 3.79 the value of the damping

coefficient due to squeeze film action is

3
¥ ... 3.80

C =13

Substituting values of i, W, ¢ and % into equation 3.80 applicable to

the hydrostatic bearing used in the experimental work described in this

thesis, it was found that the squeeze film damping was insignificantly
’ N .

small when compared with that due to oil flow in the hydrostatic bearing

system.
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3.5 Confirmation of the Accuracy of the

‘'mid-land' type of Approximation

1 . .
The flow equations developed for the hydrostatic bearing in sections 3.1

and 3.2 utilise a mid-land approximation for effective bearing area as

far as calculation of load on the bearing is concerned. This approxima-

tion assumes that the effectivé bearing pressure is equal to the pocket
pressure and acts over an effeéfivé béaring area defined by the centre-
line of the land surrounding thé pocket (sée figure 3.5). TFor the
straight sections of land thiévis the same as assuming a linear pressure
drop across the lands, which is~normai: For the land sections local to
the corners of the h&drostétié poékéts it is difficult to say,
intuitively, exactly what the pressure aistribution is, howevef. The
corner sections of land offer a bigger flow area for the oil leaving the
corner of the pocket, as the oil flows further away from the pocket, and
so the oil pressure is likely to decrease more rapidly (see figure 3.6).
Obviously, then the accuracy of the approximation is dependent on the
magnitude of the land width compared to other pocket dimensions (the

larger the land width, the greater the inaccuracy).

It is necessary then to estimate the accuracy of the mid-land approxima-
tion when used for the hydrostatic bearing details appropriate to the
test rig. To do this a finite difference computer program (see appendix

BIII) was written which calculated the oil pressures at various

positions on the bearing land, and thus determined more accurately the

bearing load. Because of the symmetry of the hydrostatic bearing it was

only necessary to examine a quarter section of the land surrounding the

pocket The mesh was made more and more fine until the load apparently

converged to a constant value as indicated by the graph of figure 3.7.

The meshes used are shown in figure 3.8. Since -the error percentage is

what was required the pocket pressure was assumed to be 10 Pa, and the
’

pI‘ ssure Z ) I1mension

were length = 7 cm, width = 4 cm, 1and width = 1 cm.
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It can be seen from fig 3.7 that the bearing load, as suggested by

finite difference methods is 17.7x10 ° N, This compares with a load

. ' -3
calculated using the mid-land approximation of 18.0 x 10 N. Thus the error
introduced by using the mid-land approximation is 1.7% which is low

enough to be acceptable. Note this analysis could yield an appropriate

correction factor to be used if deemed necessary.
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FIG 3.7 COMPARISON OF BEARING LOADS DETERMINED
USING  ANALYTICAL AND NUMERICAL METHODS
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mesh 1, 19 nodes, load=18.0mN

mesh 2, 30 nodes, l(o0ad=17.8 mN

mesh 3, 52 nodes, load=17.7 mN

FIG 3.8a MESHES USED FOR THE FINITE DIFFERENCE
WORK
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mesh 4, 55 nodes, load=17.7mN

mesh 5 74 nodes load=17,7 mN

mesh 6, 75 nodes, l0ad=17.7mN

FIG 3.8b MESHES USED FOR THE FINITE DIFFERENCE
WORK
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CHAPTER FOUR

RELEVANCE OF THE REQUIRED EXPERIMENTAL MEASUREMENTS

4.1 Test Objectives

Designing a bearing of the proposéd two-0il-film type for installation
on a machine requires two basic pre-conditions. These are 1) that one
is able to predict the static and dynamic performaﬁce of the hydrostatic
bearing and 2) that one is able to predict how the hydrostatic bearing
interacts with the journal bearing; under both static and dynamic
operating conditions, to provide bearing characteristics that may be
completely different to the original journalvbearing characteristics.
(Knowledge of the journal bearing characteristics is assumed. Theory
has been presented in several papers, references (6), (7) and (9) being
some, and further development of it is not part of the specification of
the.wprk contained in this thesis): The objectives of the testing,
then, were to prove the hydrostatic bearing theory and that of how the
hydrostatic bearing interacts with the journal bearing. In order to do
this it was necessary to measure the static characteristics and the
dynamic stiffness and damping coefficients of both bearings independently,
and of the combined two o0il film bearing. The next two sections discuss
methods of measuring the dynamic oil film coefficients, and thé theory

to determine the performance characteristics of the two o0il film bearing,

knowing those of the two bearings independently.

4.2 General Equations of Motion

In this section the equations of motion for the shaft-bearing system are
developed to a form from which the bearing dynamic oil film coefficients
may be derived. It is assuméd that the test journal, bearing bush and
pedestal structures are rigid; that the journal is aligned in the

bearing such that motion can be considered in one plane only as
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described by fig 4.1, and that the oil film forces vary linearly with
instantaneous displacement and velocity such that eight bearing

coefficients can be used to describe its behaviour.

The journal is subjected to a harmonic forcing in the horizontal and
vertical directions by forces Fyx and Fy respectively, where

Fx = Fxo Sin w t , . o .« .. 4.1

Fy = Fyo Cos w t ’ | .« . . 4.2
such that the hofizontal force lags the vertical force by 90° phase
difference. These forcés accelerate the journal and are acted against
by the oil film stiffness and damping aé described below by the equations

of motion for the journal.

Fx M(.}i +.}'£p) + Kxx.x + ny.y + Cxx.}.{ + ny.y e o o 4.3

"
w
wn

Fy = M(y + ¥p) + Kyy.y + Kyx:X + Cyy.y + Cyx.3
where M is the journal mass and x and y are the displacements of the
journal relative to the bearing bush in the horizontal and vertical
directions respectively. Kjj and C;j; are the direct stiffness and
damping coefficients for the oil film where Kij and Cij indicate force
in the i direction per unit displacement or velocity respectively in the
J direction (the cross coupling terms). Xp and yp are the respective
horizontal and vertical displacements of theApedestal holding the
bearing bush relative to.space.' Since the forcing is harmonic; the
motion of the shaft and pedestal will also be harmonic. The journal
motion will be assumed to lag the exciting force by phase angles ¢; and‘
&, in the horizonfal and vertical directions respectively. Similarly,

the pedestal phase lags will be Y; and Yz. Then

x = X Sin(w t - Q3) . « . 4.5

y =Y Cos(w t - Q2) _ . . . 4.6

where X and Y are the horizontal and vertical vibration amplitudes

respectively of the journal relative to the bearing bush, and
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oil film coefficien’rs structure coefficients

FIG 4] DIAGRAM OF THE BEARING-PEDESTAL SYSTEM
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vp = ¥p
where Xp and
respectively
4.1 and 4.2,

with respect

Fxo Sin

Fyo Cos

- 87 -

Sin (W t - Y1)
Cos (Wt - Y32)
Yp are the horizontal and vertical vibration amplitudes

of the pedestal relative to space. Substituting equations
together with equations 4.5 to 4.8 and their differentials
to time, into equations 4.3 and 4.4 gives

wt=M-Xw®Sin( t - 1) - X, 0 Sin t - Y1)]

P

+ Kxx X Sin(w t - a1) + Kxy Y Cos(w t - ap)

+ Cxx X 0 Cos(w t - 1) - Cxy Y W Sin(w t = 0p). 4.9

wt=M-Y w? Cos(w t - ap) - Y, w? Cos(w t - Y2)]

+ K Y Cos(w t - Q) + Kyx X Sin(w t - ay)

yy

~ Cyy Y & Sin(w t - 02) + Cyx X 0 Cos(w t - a1). 4.10

yy

Setting W t to zero, in equations 4.9 and 4.10 gives

0 = M[-
+ Kxx
+ Cxx

and

yo

X w? Sin(- 01) - Xp w® Sin(~ Y1)]
X 8in (- a1) + Kxy Y Cos(- 03)

X W Cos(- 01) = Cxy Y W Sin(- Q) ... 411

- Y w? Cos(- a2) - Yp w? Cos (- Y2)]

+ Kyy Y Cos(- Qp) + ny X Sin(- o1)

Y w Sin(- 02) + Cyx X w Cos(- Q) .. 4,12

and setting W t to /2 gives

Fxo = M[- X w? Cos(a1) - Xp w? Cos(Y1)]

+

+

and
0 = M[-

+ K

yy

Kxx X Cos(0p) + ny Y Sin(Q5y)

Cxx X W Sin(a;) - Cxy Y w Cos(az) . . . 4,13

Y 0? Sin(ap) - Y, w? $in(y2)]

Y Sin(02) + Kyx X Cos(a;)

- ny Y w Cos(az) + Cyx X w Sin(a;) . . . 4.14
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Equations 4.11 to 4.14 may be re-arranged and expressed in matrix form

as

Equation 4.
(the eight

requires knowledge of journal and pedestal vibration

phases,

frequency.

K
Xy

K - Mw?
yy

15 contains four simultaneous expressions

0il film coefficients).

All of these variables can be measured.

XX

wC
yx

K -Mw?
XX

yX

of the journal mass,

wC
Xy

yy

=

Xy
K -Mw?
yy

X Sin
Y Cos
X Cos

Y Sin

To solve for the

of the force amplitudes

-
-Mw?X_ Sin Y1
P
=|F +Mw?Y Cos
yo P Y2

2
FXO+Mw XpCos Y1

2 .
Mwc ¥ S
P in Y2 ]

h—

. . . 4.15

in eight variables
eight coefficients
amplitudes and

and of the exciting

Ways in which

equation 4.15 can be used to solve for the eight bearing coefficients

are discussed in section 4.3.

The BASIC computer program in appendix B (section IV) is based on

equation 4.15 and was used to determine effective dynamic oil film

coefficients necessarily implied by experimentally measured shaft

vibrations.

4.3 Experimental Methods for Measuring 0il Film Coefficients

In this section some of the practical implications of using equation

4.15 to determine the eight oil film coefficients are discussed. A

number of alternative methods of measuring beari

compared.

ng coefficients are

A problem with using equation 4.15 to determine the bearing coefficients

wa

to solve for eight variables,
Thus another four equations were required.

equation 4.15

s that it is itself composed of four simultaneous equations whereas

eight such equations would be required.

These were developed as

but with a different value for one of the measured
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variables. Alternatives considered were to change a) the exciting

force magnitude, b) the journal mass, c) pedestal stiffness or d)

exciting fréquency.

Change of exciting force was not considered to be the best solution
because this was chosen to give small vibration amplitudes initially,
such that errors in the measured oil film coefficients resulting from
non-linearity of the bearing o0il film were kept small; (The o0il film
forces were approximated to being proportionai to instantaneous
displacement and velocity of the journal, for small amplitudes, whereas
a more accurate model would also have forces proportional to powers of
displacement and velocity). Increasing the magnitude of the exciting
force would have increased the vibration amplitudes and thus would

have increased these errors.

An increase in the journal mass; large enough to significantly alter the
force required to give a certain vibration amplitude could have resulted
in the addition'of very large weights which would have been impractical.
A corresponding change would also have had to be made of the externally
applied static load in order to keep the Sommerfeld number .the same,

and of exciting force to maintain the original vibration amplitude.

A change of pedestal stiffness (or mass) could have been used to change
the pedestal vibration amplitudes. Such a facility, which would have
ensured a large enough stiffness change to significantly affect

vibration amplitudes, would have complicated the design of the test

rig however.

A change of exciting frequency was another alternative. A corresponding
change in force amplitude to maintain the origiﬁal vibration amplitudes
might also have been necessary here, depending on the rig design. This
is the alternative which was chosen, and its use was made simple by

designing the test rig to be excited by rotating unbalance weights
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around the same axis as that which the journal rotated about, but which
were mounted on a separate independently driven shaft inside the test
Journal (see Chapter 5). By changing the direction of rotation of the
unbalanced shaft, but maintaining the same speéd, it was possible to
effect a change of exciting frequency and maintain the same exciting

force amplitude (and hence similar vibration amplitudes) without

having to alter the unbalance.

Other means of applying the exciting force considered were a) the use
of vibrators acting on the rotor (or bearing bush) and b) the use of

an unbalance attached to the test journal.

The advantage offered by the shakers was the ease with which force

and frequency could have been varied independently. Disadvantages
were the cost of the equipment and the complication of having to
correctly phase horizontal and vertical shakers to accurately stimulate
a rotating unbalance (for an accurate model it would have been
necessary to simulate the pressure wedge that builds up in front of

a shaft as it whirls).

The use of an unbalanced test journal, despité ité simplicity, would
have limited the exciting frequency to that of the journal. This

would have meant that a reversal of direction of rotation of the
unbalance, as discussed above, would not have been possible as it would
have changed the Sommerfeld Nﬁmber. Exciting at journal rotational
frequency would also have permitted the possibility of runout* affecting
the measured vibrations (see also section 5.11). If this method of

exciting the journal had been used, another method would still have

had to be found for testing the hydrostatic bearing.

* For a definition of the term 'runout’' see section 5.11.
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Another method of measuring bearing coefficients which was considered
was the transient technique whereby the shaft is displaced by a known
force and then suddenly released. The resulting transient vibrations
are then used to determine the o0il film coefficients. Disadvantages
of this method are that the transient vibrations last only for a short
time which coculd make measuring difficult, and that the pressure
wedge effect discussed earlier is not simulated. For these reasons

the method was rejected.

4.4 Oil Film Coefficients for the Combined Hydrodynamic and

Hydrostatic Bearing

If a bearing designer is to be able to predict the dynamic operation of
the proposed two oil film bearing then an understanding of the way in
which the hydrodynamic and hydrostatic oil films interact is necessary.
The equations developed below show how the two independent sets of
bearing coefficients can be used to determine a set of coefficients for
the combined bearing. It then becomes clear that the coefficients for
the combined bearing can be measured in the same way as those for one

of the individual bearings.

The system being considered is that of figure 4!2 where alignment and

rigidity of the components is assumed and the jpurnal bearing bush has
negligible mass. The journal is subjected to a harmonic forcing in the
horizontal and vertical directions as stated in section 4.2. Then the

equations 4.1 and 4.2 describing the force may be re-written as below.

F =F Sinwt=F Sinw t + F Cos w t .. . 4.16
X X0 X1 X2
= C wt=F Sinw t + F Cos w t .. . 4.17
Fy FYO s y1 y2
where F is the force in the horizontal direction and Fy the force in the
X .

vertical direction. F ahd sz are the real and imaginary force
X]

. - . . . : h
amplitudes respectively in the horizontal direction and Fyz and Fyl the
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real and imaginary force anplitudes respectively in the vertical

direction. Let the corresponding deflections of the journal relative

to the journal bearing bush be x and y where

X =X; Sin w t + X, Cos w t < - . 4.18
y = Y; Sin w t + Y, Cos w t « . . 4.19
where X; and X; are the displacement component ampliﬁudes in phase and
out of phase respectively, with the horizontal force. Similarly Yo
and Y; are the in phase and out of phase component amplitudes respect-
ively, of displacement in the vertical directioﬁ, relative to the

force in the vertical direction. Then the velocities, in the horizontal

and vertical directions, of the journal relative to the journal bearing

bush are
X =wX)Coswt-wX Sing t .. . 4.20
‘Vy=wY¥ Coswt-wY Sin w t , - . 4.21

The force-displacement relationships for movement of the journal

relative to its bush are

F =K x+K y+C x+C_ % <« . 4.22

F =K x +K y+C _x+C ¥y . . . 4.23
y yx yy yx yy

Substituting equations 4.16 to 4.21 into equations 4.22 and 4.23, and

comparing coefficients of Sin w t and Cos w t gives, in matrix form

[ I N S K, -y "*’ny~ [ x; ]
sz = wax way Kxx ny Y, ... 4.24
F K o K o-eCo muC X,

8 FyZ‘J i wny wny ny Kyy‘J i YZJ

which may be simplified and rewritten as

[F] = [Kj] Lu] R

' ijndicates that the stiffness matrix refers to the

4.25

where the suffix *'j
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journal bearing. Similarly, equation 4.26 may be developed describing

the hydrostatic bearing operation

(F] = [k.] [v) ’ - .. 4.26
where the suffix 'h' indicates that the ;tiffness matrix refers to the
hydrostatic bearing bush, and the v matrix describes motion of the
journal bearing bush relative to the hydrostatic bearing bush. But the
total deflection of the journal relative to the hydrostatic bearing
bush is w = u + v, ie the vector sum of the two deflections u and v,
where .

(w) = [:[Kj]—l + [K’h}'l] (7] C .. 427
which may be re-arranged to give |

[F) = [x])(¥] <. . 4.28
where

[Ke] [[Kj]"l + [Kh]'lJ ... 4.29

Ke is the stiffness matrix of an equivalent single bearing having the

same performance characteristics as the combined hydrodynamic and
hydrostatic bearings. Since Ke is of the same form as Kj and Kh’ the
equivalent bearing coefficients may be measured in the same way as

those of the journal and hydrostatic bearings.

The above theory was transformed into a BASIC computer program (see
section B-II) used to determine theoretical operating characteristics

for a combined hydrostatic and hydrodynamic bearing arrangement.
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CHAPTER FIVE

EXPERIMENTAL TEST RIG

5.1 General Description

General considerations influencing the design were that the rig was to
be used to study operating characteristics of the journal bearing alone,
the hydrostatic bearing alone, and the combined joﬁrnal and hydrostatic
bearing. These factors were facilitated by enabling the journal bearing
bush to be clamped rigidly to the hydrostatic bush (for journal bearing
testing), or to the test journal (for hydrostatic bearing testing) when
necessary. The size of the rig was fixed by the necessity for it to be
realistically large whilst not being too expensive. A diagram of the
‘test rig is shown in figure 5.1. It consisted of a main rotor assembly

(containing the unbalanced excitation shaft), two bearing bushes, and

three fabricated pedestals.

The main rotor assembly was 'pinned' at one end By mounting it in a
self-aligning rolling bearing whilst the other end was supported by the
test bearing. A journal, representing the journal of a generator rotor,
was machined on the test>rotor at the site of the test bearing. ‘This
was held in a bearing bush similar in design to .bearing busheé normally

used to hold generator rotors. The difference in this case, was that

instead of always being rigidly clamped to the pedestal, this bush could

be held by the eight hydrostatic pads surrounding it. The hydrostatic

bearihg bush was, in turn, clamped between the cap and main structure

of a fabricated pedestal.

Static loads could be applied to the rotor assembly via pneumatic cylinders,

one at each end of the test pedestal, whilst dynamic excitation could

be applied by means of a rotating unbalanced shaft, mounted inside the

main rotor assembly. The test journal and excitation shaft were both
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belt driven from opposite ends of the test rig

The assembled test rig can be seen in figure 5.2 while figure 5.3 shows

the control panel housing some of the instrumentation. Individual

components of the test rig are discussed in more detail in the following

sections of this chapter.

5.2 Test Rotor Description

The test rotor, shown in figure 5.4, was manufactured from a typical
generator rotor steel and consisted of four basic parts. The test
Jjournal was 125 mm in diameter and at each end of the test journal the
rotor opened out to 420 mm diameter. These two large diameter sections
~of the rotor were bored out to house unbalance masses used to excite the
journal dynamically. The entire section of rotor that included the
journal was bored to house a secona shaft on which the unbalance masses
were mounted. This was the main part of the test rotor, and it was
complemented by two end-covers held in position by fitted bolts, which

concealed the unbalance masses once they had been mounted.

The fourth part of the test rotor was a hollow extension shaft which was
bolted to a flanged hub mounted on one of the end covers, and which had
a self-aligning rolling bearing mounted on its other end. The self-

aligning bearing was ultimately located in a second pedestal remote from

the test bearing pedestal. The purpose of the extension shaft was twofold.

Primarily it resulted in a test rotor that was pinned at one end

considerably raising the 'rocking' stiffness of the rotor support

mechanism. The extension shaft was hollow in order to keep down the

corresponding diameteral moment of inertia of the rotor and hence

promote a high corresponding natural frequency that was above running

. : i nt
speed Secondly, the extension shaft served to maintain the alignme

. d. The
of the test journal in its bearing once this had been establishe
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distance between the centres of the test bearing and the self-aligning
bearing was made large enough to ensure that any displacement of the

test journal in its bearing did not result in a forced misalignment of
the journal (due to the other end of the shaft being pinned) large enough
to significantly influence the test bearing performance, The misalignment

resulting from a tilt ratio of about 0.1 was assumed to be tolerable, its
b

effect on the bearing performance being minimal (see reference (9))

Movement of the test 5ourna1 was detected by means of inductive proximity
probes mounted on the pedestal and 'looking at* thevsection of rotor
housing the unbalance masses; immediately adjacent to the test journal.
Four probés were mounted at each end of the test pedestal to observe
rotor movement. A push-pull arrangement was adopted with two probes
observing vertical movement; and tyo observing horizontal movement in
each instance: Each probe also had a velocity probe mounted next to it
to measurc pedestal vibration so that ultimately the shaft movement in

space could be deduced. The surfaces which the proximity probes observed

were ground to 0.4 um, as was the test journal, and were machined concen-

tric with the test journal to within 6 ﬁm. These tolerances reduced the
possibility of the proximity probes measuring a signal that was caused o’
mosfly by mechanical runout* rather than journal vibration during exper-

iments which were performed using synchronous excitation. With asynch-

ronous excitation the filtering network in the response analyser

eliminated signals due to runout. The surfaces on which the proximity

Probes registered were checked for electrical runout before testing was

carried out to ensure that this was small enough not to significantly

affect results. This was done by rotating the rotor at 100 rpm, such
that the rotor experienced an insignificant unbalance force, and comparing

ical
the amplitude indicated by the proximity probes to the known mechanic

runout.

* For a definition of the term 'runout' see section 5.11.



5.3 Journal Bearing

The test journal bearing was 125 mm (4,92"

) in diameter, had a length/

diameter ratio of 0.6 and a 120° partial arc. The bearing radial
clearance of 0.127 mm (0.005") was large enough to ensure that vibration
amplitudes, whilst being large enough to measure, were not large enough
compared with the radial clearance to result in non-linearity effects

of the o0il film affecting the results.

An oil inlet was provided midway along the length of the bush and an
outlet at the corresponding position on the other side of the bush,
This enabled additional cooling o0il to be passed over the test journal
as required. The remainder of the drain oil was collected by wipers
after flowing axially out of the ends of the bearing. Ali oil inlets
and outlets to the journal bearing bush were made ultimately at special
fitt;ngs midway along the length of the bush, which enabled oil to be
supplied to the journal bearing without affecting its movement and
function as a part of the hydrostatic bearing. One journal bearing

half bush is shown in figure 5.5.

The running tempefature of the journal bearing bush was monitored by
means of six thermocouples, mounted in holes dgilled in the bush, with
their hot junctions just touching the underside of the bearing bush
white-metal. O0il inlet and outlet temperature was also monitored by
means of thermocouples suitably positioned in the appropriate oil lines.
Such temperature monitoring served to confirm normal operating conditions

for the journal bearing and correct alignment.

5.4 Hydrostatic Bearing Bush

The hydrostatic bearing bush contained one group of hydrostatic bearing

. 1 1
pads at each end, thus restricting tilt misalignment of the journa

left
bearing bush. Each group consisted of one top, one bottom, one










and one right hydrostatic pad, each 4 cm x 7 cm projected dimensions

including 1 cm land width, ie there were four bearings in a11 control

ling the vérti”cél moyemént of the 3ournal bearing bush and four
cont?olling the horizontal movémégt: Because of the presence of
horizontal hydrostatic pads, thé bush was split at an angle to the
horizontal into two half bushés; one of which is shown in figure 5.6
(this split line also matched the split line on the journal bearing
bush). '0O' ring seals* on each side of each group of hydrostatic pads
ensured that the drain oil flowed into the specially machined drain
grooves between the seals and hydrostatic pads, and from there into
drain manifolds! 0il inlet to eéch pocket was via a capillary
restrictor. Rotation of the joufnal bearing bush relative to the hydro-
static béaring was resisted by a pin which screwed into the journal
bearing bush and registered in a blind hole in the bore of the

hydrostatic bush.

Towards each énd éf thé h&drostatié bush was mounted a group of four f
inductive proximity probes, equispaced circumferentially, monitoring ¥
.
journal bearing bush movement relative to the hydrostatic bush.
Because of spatial limitations these probes were mounted at 33° to the
vertical and horizontal; These probes could be used to confirm
readings taken from the pedestal mounted inductive probes and to
observe any instability of the journal bearing bush. The presence of
two axial groups of proximity probes here enables any conical mode of

instability of the journal bearing bush to be detected.

* The impedance of the 'O' rings had to be taken into ac?ount Wh?n
measuring the hydrostatic bearing oil film impedance.81nce rhese
were acting in parallel with the oil film. Their stiffness waiven
measured at only lower excitation frequencies (because for 2 g
unbalance moment, higher excitation frequencies yould havz eound
resulted in an unacceptably large vibration amp}ltude) o
to be 25 MN m" !, whilst damping and cross-coupling wereso) confirms
insignificantly small. Work carried out by ?tambaugh ( in the
that for the type of rubber used, there is little change
dynamic characteristics as frequency is increased.
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Also mounted in the hydrostatic bush were two pressure transducers
, one
in each of one vertical hydrostatic pocket and one horizontal hydrostati
. ic
pocket. These transducers were used to confirm the operating parameters

B for the hydrostatic bush and to monitor dynamic pressure fluctuations

in the hydrostatic bearing.

Between the two groups of hydrostatic pads oil inlets and drains to the
journal bearing bush passed through holes in the hydrostatic bearing
bush. There existed a clearance between these holes and the fittings
which passed through them to the journal bearing bush which ensured that
they did not affect the hydrostatic bearing performance. The hoses
connected to these fittings were judged to have small stiffnesses

compared'to the hydrostatic bearing oil film stiffness.

Each hydrostatic bearing pad was fed via a 2 mm bore capillary of a
length which gave a bearing operating parameter B = 0.175. For the
tests with accumulators connected to the hydrostatic bush, standard gas

bag accumulators were used, which would give a dynamic performance

corresponding to those of an accumulator operating parameter B = 0.

When the accumulators were connected a resistance ratio Rg/Ra = 10 was

used. The inertia coefficients for the capillaries was of the order of

[N

3x 107kg m * for the supply line and 3xX 10° kg m * for the accumulator

line,.

In figure 5.7, the assembled hydrostatic bush is shown, together with

the rotor assembly. In this figure can be seen the connections to the .

oil feed capillaries, accumulators and some of the displacement and

velocity transducers.

5.5 Static Loading

. umatic
Static loading could be applied to the bearing by means of pne

. The pistons
cylinders, one positioned at each end of the test pedestal
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of each cylinder were connected, via g force transducer to a housi
’ sing

containing the outer race of a rolling bearing, the inner races being

mounted on the end covers of the rotor, Thus the rotor remained fre
e

to rotate.

In determining the actual static load applied to the bearing under test
one had to take into account the weight of the test rotor and any
reactions arising from high belt tension acting on the drive pulley of
the rotor. These forces were determined by measuring the force required
to just raise the rotor inside the test bearing bush. For journal
bearing testing this was straight forward but for hydrostatic bearing
testing, when the journal bearing was clamped it was the force required
to position the journal bearing concentric with the hydrostatic bearing
since there was a nominal 'QO' ring stiffness which had to be taken into

account. These measurements were all taken with zero oil flow.

Air supply to the pneumatic cylinders was via a regulator for each
cylinder, and via a master regulator, so that the force at each cylinder
could be adjusted independently were it ever deemed necessary, or both
cylinders could be supplied with exactly the same pressure thus maintain-

ing alignment of the test rotor.

It should be noted that the use of pneumatic cylinders ensured that the
static loading system did not affect dynamic measurements, since the
fluid in the cylinder was compressible, having an insignificant stiffness

compared to the bearing oil film stiffnesses.

5.6 Dynamic Loading

: 11lin
This was applied by an unbalanced shaft, which was mounted on ro g

i driven
bearings inside the test journal (see figure 5.1) and which was

On each end
through a hole in one of the end covers via a cardan shaft.

1 disc and
©f the unbalanced shaft were one concentrically mounted stee

" nﬂﬂ '_'
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two smaller steel discs not mounted concentrically with the shaft, Onpe
of the smaller discs was free to rotate relative to the other discs
thus enabling adjustment of the nett unbalance at that end of the ghaft,
A suitable excitation force amplitude was selected by positioning the
'free'disc at the appropriate phase relative to the other small disc
and fixing to the large disc by means of a screw. Several available
holes were drilled and tapped on the large disc at different angular
positions. Adjustment could be made without removiné the main rotor

end covers since access holes were machined in them. Figure 5.8 shows

the unbalance mass assembly at one end of the rotor.

Force amplitude was obviously dependent on unbalance moment and exciting
frequency. Exciting frequency was adjusted by controlling the speed of

the excitation shaft. Adjustment of the unbalance moment also adjusted

its nett phase relative to a key phasor (pulse marker) on the excitation
shaft; this had to be taken into account when analysing results since

it affected the apparent rotor vibration phase relative to the exciting

force.

5.7 Lubricating System

0il was supplied from a power pack, figure 5.9, delivering oil at up to
3.5 MPa. This was a self contained unit incorporating oil tank, pump
and 7.5 kW a.c. motor. The oil exited from the tank via a pressure
regulator and an in-line ten micron filter. The oil temperature, which
was maintained at about 30 °C, could be controlled by a water cooler
built into the return line. From the tank the oil wégrsplit into two
flow paths to form supplies for the hydrostatic and journal bearings.
The supply pressure and flow to each bearing were controlled by means of
Temperature and

handwheel operated valves mounted on the control panel.

h bearing
Pressure of the oil was monitored at inlet and outlet to eac

bush, and a flowmeter was installed in each supply line.
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5.8 Shaft Speed Controls

The main rotor was belt driven by a 22 kw 3 phase slip ring induction
motor which was speed controlled by a 3 phase variable frequency current
supply. The speed of the test rotor was monitored by an inductive
sensor detect;ng the frequency of the passing of a bolt head on the
rotor extension shaft at the 'steady' pedestal. The signal from the
inductive sensor was transmitted to an rpm meter for rig control

purposes.

The excitation shaft was belt driven by an 11 kW d.c. motor, and was
speed controlled by a 3 phase rheostat which was in the current supply
line before the rotor current was rectified. By reversing the polarity
of the motor field current, the direction of rotation of the excitation
shaft could be changed. The excitation shaft speed was also monitored
by an inductive probe detecting a bolt head on the excitation drive
shaft. This signal was transmitted to an rpm meter for rig control
purposes and also to the frequency analyser as a datum for phase

measurements.

L
it mIm

5.9 Calibration, Instrumentation and Data-Logging

Calibration of the inductive proximity probes for measuring vibration
and displacement was carried out in the laboratory before the probes

were assembled on the rig. Each probe was calibrated with its particular

driving proximeter. Static calibration against a piece of steel, which '

was of the same form and composition as the test rotor steel, was

. ierc d
performed by moving the steel sample using a barrel micrometer, an

noting the probe output voltage. Dynamic calibration was done by using.

3 the
a disc, of the same rotor steel, which was rotated at high speed,

. i ive shait.
surface of the disc not being at 90° to the axis of its dr

bein
The resulting once per rev high spot was detected by the probe ¢
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calibrated. Each probe was calibrated using the frequency analyser

which was to be used to take test results.

Vvelocity probes, used to measure pedestal vibrations, were calibrated
b

using the frequency analyser, by mounting them on a vibrating platform

-whose amplitude and frequency were measured by a proximity probe of

known calibration. These probes were calibrated for phase and amplitude

_Calibration of each individual force transducer and pressure transducer

on the test rig was carried out by the respective manufacturers and the
corresponding calibration certificates were accepted. Supplied calibration
data was also accepted for thermocouples, these not being crucial as

regards the performance of the test bearings.

Output signals from all of the transducers on the test rig were taken
initially to a marshalling board at the rig and from there to a data
logging room, remote from the test rig. At the logger room the steady
state signals were multiplexed into a-digital voltmeter and readings
recorded on a magnetic disc. Dynamic signals were multiplexed into a
frequency response analyser for measurement of frequency, amplitude and '&
phase relative to the'pulse marker on the excitation shaft (this signal

also being fed into the analyser) . Readings from the analyser were

then stored on the magnetic disc. All of these automatic logging

operations were controlled via an HPIB (IEEE) bus by a desktop computer

which also gave a printed output of results as they were collected.

The data logging equipment is shown in figure 5.10.

s

In order to decrease the effect of any random errors in result taking

. . . : i f
due to the resolution of the measuring equipment and instability ©

. h bearing
operating conditions, experimental readings were taken for eac

; . 3 t taking was
running condition examined, several times. Once resul

i re a second
complete the magnetic disc was removed to the office whe
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desktop computer was used to give a full print out of results. These

results were then used as input data to a computer program which would

yield bearing coefficients (see appendix A IV)

5.10 Aligning the Journal and Bearing Bush

Alignment of the test journal in the journal bearing bush was ensured by
clamping the bush around the journal with shim material in the clearance

space. The rotor and journal bearing bush were then assembled in the

hydrostatic bearing lower half bush. The pneumatic cylinders were used

to pull the journal bearing bush down onto the hydrostatic bush thus
ensuring alignment in the Vértical plane. Alignment in the horizontal
plane was then adjusted by 'tapping’ the steady pedestal end of the rotor
extension shaft with a mallet, and checked by sliding feeler gauges in
the appropriate clearance spaces at each end of the bearing. When a
satisfactory alignment had been achieved, the steady bearing end of the
rotor extension was clamped in position using fitted bolts connecting

the rolling bearing housing and the pedestal.
5.11 Run-out _}

Before conducting bearing testing it was necessary to ensure that any L
b

- . ; il ¢
vibration signals detected were actually a result of shaft vibration. A !

shaft surface which has not been machined to a true circular form, or is

not concentric with the axis of rotation of the shaft will result in an

output signal from a proximity probe that indicates a vibration when in

fact the shaft is not vibrating. Such a phenomenon is termed mechanical

run-out A vibration signal can also be apparent, when the true vibration

level is zero and there is no mechanical run-out. -Inhomogeneity of the

shaft material in the form of alloying, or the presence of local residual

magnetism or residual stress caused possibly by a machining process, will

r 1t i difference of the materials electrical properties at different
esu in a >

point the shaft circumference; these differences will themselves give
oints on e

i i ical runout
rise to an apparent vibration signal. Mechan
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can be cured by re-grinding the target area to ensure a concentric
circular section whilst various surface treatments are available which

remove electrical runout (proximity probe manufacturers will usually

advise) .

In order to eliminate the possibility that either electrical or mechanical
run-out could affect the vibration measuremenfs being taken, a filtering
system was used whereby only frgquencies within 12 rpm of the excitation
frequency were observed in the signals received from transducers mounted
on the test rig. Any such signal received as a result of mechanical or
electrical run-out would have its frequéncy determined by the fest

journal speed, which was not close enough to the excitation frequency to

affect the measurements.
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CHAPTER SIX

-~ THEORET [CAL AND EXPERIMENTAL RESULTS

6.1 Static Characteristics of the Journal Bearing

A check on the locus of the shaft centre as it ran in the journal

bearing bush, whilst the Sommerfeld number was changed, was carried out and
the results are presented in figure 6.1, showing the variation of
eccentricity ratio with Sommerfeld number, and figure 6.2, a polar plot

of the journal locus. In each case a line representing the theoretical
locus suggested in the text book by Pinkus and Sternlicht (seevbiblio—

graphy) is also shown.

6.2 Dynamic O0il Film Coefficients for the Journal Bearing

Tests were carried out on the journal bearing, with its bush held
rigidly inside the hydrostatic bearing bush by two clamping bolts.
These tests were to determine the dynamic oil film coefficients of the
journal bearing alone so that they could be compared with the measured
coefficients of the combined journal and hydrostatic bearing. It was
also required that these coefficients be known sa that thef could be

used to determine the theoretical pbearing coefficients for the combined

journal and hydrostatic bearing.

The journal bearing coefficients were measured with the journal running
at 1500 rpm (since this was roughly in the middle of the speed range of

' in2
interest) and with a specific loading of 350 k Pa (50 1lbf/in ). Tests

were conducted at excitation frequencies ranging from 400 rpm to

1500 rpm.

Measured values of amplitude and phase for forward and reverse directions

of excitation are shown in figures 6.3 and 6.4, in the form of polar

plots For each running condition the mean and standard deviation are

iy
i

il
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horizontal response

[ verfical .response

FIG 63 NYQUIST DIAGRAM FOR THE JOURNAL
BEARING, FORWARD EXCITATION




o

120 T . ~ | .
SR
N =AY
RS

horizontal response

[ vertical response
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indicated having been determined from about sixteen measured values .
From these results, values for the eight bearing coefficients were

‘L(‘
computed and are shown in figures 6.5 to 6.12 where they are plotted

as bars indicating the mean and standard deviation. (In this instance
the standard deviation was estimated from a sample of ten sets of
bearing coefficients, since to carry out the full analysis, combining

the sixteen forward excitation results with the corresponding sixteen

reverse excitation results in all possible combinations and permutations

would be a formidable task.)

For the values of bearing coefficients indicated in figures 6.5 to 6.12,
a 'smootped' curve (best fit by eye) was then drawn through the piotted
results and values indicated by this line were used with theoretical
hydrostatic bearing coefficients.to determine theoretical coefficients

for the combined bearing.

6.3 Static Characteristics of the Hydrostatic Bearing

The steady state performance of the hydrostatic bearing was measured in
terms of static load and oil flow Vs vertical displacement of the
floating ring (ie, journal pbearing bush) relative to the hydrostatic
bearing bush. These characteristics were compared with theoretical

characteristics obtained using a computer prograf based on the theory

described in sections 3.1 to 3.3. The BASIC computer program, suitable

for use with a HP9845A desktop computer, 1s presented in appendix Al-

Figure 6.13 shows the theoretical variation of static vertical load with

vertical displacement for the test hydrostatic bearing floating ring,

for various values of the operating parameter B. Experimental results-

were obtained for the case where B = 0.175 and are shown in figure 6.14

where the appropriate theoretical curve 1is reproduced for comparison.

Similarly, figure 6.15 shows the theoretical variation of oil flow Vs
’ .

sufll
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vertical displacement for the test bearing for various B values whilst

figure 6.16 shows the experimental results for B = 0.175 Again the
theoretical values are reproduced in figure 6.16 for comparison The

theoretical variation of required oil pumping power, with vertical

displacement is shown in figure 6.17 (again for zero horizontal dis-

placement).

6.4 Dynamic 0il Film Coefficients for the Hydrostatic Bearing

6.4a Theoretical results

The theoretical variation of the test ﬁydrostatic bearing bush dynamic
0il film coefficients with hydraulic resistance ratio Rg/Rg, accumulator
operating parameter B, and excitation frequency was determined using

the theo?y presented in chapter 3, with the aid of a HP9845A desktop
computer. The effect of oil ineftia in the capillary restrictors was

also examined,

Figures 6.18 to0 '6.21 show the variation of the horizontal and vertical
direct stiffness and damping coefficients with resistance ratio Rs/Ra,
and accumulator operating parameter B, for a constant excitation

frequency of 3000 rpm (the Cross coupling coefficients all take a zero

value, the reason for this being discussed in section 8.4) . Figures
6.18 to 6.21 apply for the case where the static load on the hydrostatic

bearing bush in 3.6 kN (0.36 tons force), corresponding to a specific

L2
loading on the test journal bearing of 350 kPa.(50 1b.f/in”).

The effect of excitation frequency on the pearing dynamic oil film

coefficients is shown in figures 6.22 and 6.23 for the case where

hydraulic resistance ratio Rg/Ra = 10 and accumqlator operating para-

meter B = 0, an arrangement which might be typical. Figure 6.22 shows
- ’

the variation of bearing stiffness coefficients Kxx and Kyy with

6.23 a similar curve for the 'damping

excitation frequency, and figure

stiffnesses' wCxx and wWCyy:
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Theoretical curves for the variation of bearing coefficient with oil

inertia in’ the capillary restrictors are shown in figures 6.24 to 6.27.

Again, these are for the case where.resistance ratio Rg/Ryz = 10,
accumulator operating parameter B = O and an excitation frequency of
3000 rpm. Figures 6.28 and 6.29 show theoretical curves for the
variation of direct vertical stiffness and damping coefficient with
vertical displacement of the floating ring (journal ﬁearing bush)

for various amounts of oil inerfia in the capilliary restrictors but
with the amount of inertia proportional to the viscous flow resistance

such that Ig/I, = 10.

The significance of all of the above theoretical results is discussed

in chapter 8.

6.4b Experimental results

If a-hydrostatic bearing were to be designed for use with a turbine
generator as proposed, then for a given bearing arrangement, the most
important variable would be exciting frequency since this would vary in
the machines service. It is for this reason that experimental measure-

ments of amplitude and phase to determine the bearing dynamic oil film ﬁi‘
' Y

‘coefficients have been made for a range of excitation frequencies. Such

measurements have been made for the case where no accumulators are

connected to the hydrostatic-bearing bush, and for the case where

accumulators having operating characteristics described by the B =0

curves of figures 6.18 to 6.21 are connected to the hydrostatic pockets

gsuch that resistance ratio Rg/Ra = 10. These two cases were selected

since they represent two of the most likely circumstances under which

such a hydrostatic pearing would be used, and because the resulting

measured bearing coefficients would clearly indicate the influence of

the accumulator on the pearing oil film impedance.
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Figures 6.30 and 6.31 show the measured amplitude and phase mean and
standard deviation in polar plot form, for the forward and reverse
directions 6f excitation respectively. These figures apply to the
hydrostatic bearing only, without accumulators connected to the system,
and figures 6.32 t0o 6.39 show the corresponding computed bearing
coefficients for various excitation frequencies together with the
corresponding theoretical values for comparison. Again the standard

deviations indicated on figures 6.32 to 6.39 have been estimated from

a sample of results.

For the case where accumulators are conﬁected to the hydrostatic bearing,
figures 6.40 and 6.41 show the measured amplitude and phase means and
standard deviations in polar plot form for forward and reverse excitation
directions respectively. The corresponding bearing coefficient means,
and estimated standard deviations, for the range of excitation
frequencies, are shown in figures 6.42 to 6.49 together with theoretical

values for comparison.

6.5 Static Characteristics of the Combined Journal and Hydrostatic Bearing

The static characteristics for the combined bearing are determined by a
combination of the static characteristics for the two individual bearings.
That is, for a given 1oad and speed the vertical and horizontal displace-

ments are the sums of the corresponding displacements for the two

individual bearings. To present experimental results here would be to

merely repeat those already presented in sections 6.1 and 6.3.

Some very small variation from the relationship described above does

occur, due to the fact that the hydrostatic bush exerts a force on the

journal bearing push at the anti-rotation peg, thereby causing an

additional small displacement of the journal and its bush. For the test

rig this force was insignificantly small compared with the other oil

f£ilm forces It is a point to be checked during the design of two-

'“Mj



FIG 6.30 NYQUIST DIAGRAM FOR THE HYDROSTATIC

~ BEARING WITHOUT ACCUMULATORS, FORWARD EXCITATION




horizontal response .

3 vertical response

FIG 6.31 NYQUIST DIAGRAM FOR THE HYDROSTATIC
- BEARING WITHOUT ACCUMULATORS, REVERSE EXCITATION
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F1G 6,40  NYQUIST DIAGRAM FOR THE HYDROSTATIC
AEARING. WITH ACCUMULATORS, FORWARD EXCITATION




FIG 641 NYQUIST DIAGRAM FOR THE HYDROSTATIC
BEARING WITH ACCUMULATORS, REVERSE EXCITATION
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0il-film bearings however.

6.6 Dynamic O0il Film Coefficients for the Combined Journal and

Hydrostatic Bearing

The theoretical dynamic o0il film coefficients for the 'combined'

bearing were determined by using the theory in section 4.4 with the
'smoothed' measured journal bearing coefficients éf figures 6.5 to 6.12
and the theoretical coefficients for the hydrostatic bearing bush with
accumulators connected, figures 6.42 to 6.49. (The case without
accunulators connected was not examined because it was desired that a
‘change in overall bearing coefficients be shown, compared to the original
journal bearing coefficients. Such an effect using the hydrostatic
bearing without the accumulators would not have been obtained since its

impedance would have been too large.)

Experimental measurement of amplitude and phase during dynamic excitafion
of the combined bearing system yielded those values whose ﬁeans and
standard deviations are shown in figures 6.50 and 6.51, for the forward
and reverse directions of excitation respectively. These measurements
are for excifation frequencies ranging from 400 rpm to 1500 rpm, and
again for hydraulic resistance ratio Rg/Rg = 10 and for accumulators

whose characteristics correspond to the B = 0 curves of figures 6.18 to
6.21.

Effective overall dynamic oil £ilm coefficients computed from the ab-ve

mentioned results:are shown in figures 6.52 to 6.59 in the form of bars

indicating the mean and estimated standard deviation for each excitation

frequency examined. Again, the theoretical curves are also presented

for comparison.
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horizontal response

[ 1 vertical response

FIG 6.50  NYQUIST DIAGRAM FOR THE COMBINED
BEARING, FORWARD EXCITATION
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6.7 Theoretical Amplitude-Frequency Response of a Typical

Generator Rotor

In order to establish the influence that the use of the proposed design
of combined hydrostatic and jourﬁal bearing might have on the vibration
of a generator rotor a theoretical investigation of the rotor amplitude
response with running speed, for a particular unbalance, was carried
out. This involved the use of é computer program which is currently
already used in the turbine genérator industry and which had been

found to give realistic results. The input data for this program
consisted partly of the bearing dynamic oil film coefficients. For

the rotor selected, the appropriate journal bearing coefficients were
input and the rotor response noted. Dynamic oil film coefficients

for a hydrostatic bearing design which might have been used for this
machine were then determined; using the theory described in chapter 3
with the aid of the computer program in appendix AI, and combined

with the journal bearing coefficients, using the methods described

in section 4.2 with thé éid of the computér program in appendix AII.
The rotor response program was then re-run using the combined bearing
dynamic oil film coefficients to obtain new rotor response'

characteristics.

The results of this investigation are summarised by figure 6.60
showing the rotor vibration amplitude at various running speeds. For

this particular machine the normal running speed was 1800 rpm and it

can be seen that had the rotor exhibited a critical near to this .

speed, then it could have been moved by using the hydrostatic bearing.
’
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CHAPTER SEVEN

ACCURACY OF THE EXPERIMENTAL RESULTS
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ACCURACY OF THE EXPERIMENTAL RESULTS

7.1 0il Viscosity

0il viscosity is temperature and pressure dependent. The variation with
temperature for the 6&1 used during the experiments has been examined
and is contained in a report by Dwight (51). Thé femperature measure-
ments of the o0il were taken with thermocouples in the flow paths.
Experience of using this method indicates that it ié accurate to * 2 K,
using the instrumentation used in the data logging process. This results

in a dynamic viscosity measurement to at least 2.10 °

Pa s, ie * 3%.
Variation with pressure is insignificant for pressures below 7 MPa

(~1000 1b f/inz), and so was ignored.

7.2 Journal Speed

This was measured using an inductive probe observing bolt heads on the
extension shaft of the main rotor assembly. The signal was read
visually at an analogue rpm meter and a digital reading obtained from
the data logger voltmeter measﬁring the voltage across the rpm meter.
The accuracy of the rpm meter was + 4.7% and that of the voltmeter was

0.0035% and hence the logged journal speed was accurate to * 4.8%.

7.3 Specific Loading

This is dependent on projected bearing area and on the applied static

load on the bearing. The bearing area is known almost exactly from the

engineering drawings produced during its design. The applied static

load is measured using load cells which were specified by the manufacturers

as being accurate to + 0.4% of full scale reading. This meant that

ultimately the specific loading examined could be measured to * 1%.
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7.4 Bearing Clearances

Bearing clearances were measured on assembly using proximity probes, to

an estimated accuracy of ¥ 2%, The other potential source of error

here is bearing bush elastic or thermal distortion. Work by Dawson,

Hudson, Hunter and March (52) and by Hooke, Brighton and O'Donoghue (52)
has shown that these effects are insignificant as far as journal
bearing operat?on is concerned. Since the hydrostatic bearing is
gimilar in structure it was assumed that the same conclusions were

applicable for it.

Note that for the hydrostatic bearing, the mean effective clearance can
be deduced from a measurement of the hydrostatic pocket pressure, and a
knowledge of the value of the magnitude of the oil flow out of the

pocket. This served to confirm the measured value of clearance.

7.5, Sommerfeld Number

Sommerfeld number is defined as

where U is the oil dynamic viscosity, N the journal frequency of rotation,
p’ the specific loading on the bearing, r the journal radius and c the

bearing radial clearance. Using the accuracies determined in sections

7.1 to 7.4 it can be established that Sommerfeld Number may be determined

to an accuracy of 15.5%. Such a variation of Sommerfeld Number is likely

to affect the journal pearing eccentricity ratio by only 2% of the radial

clearance It may thus be concluded that the effect on journal bearing

performance would be negligible.

7.6 Exciﬁation Frequency

The speed of the excitation shaft was measured with an inductive

proximity probe observing 2a bolt head on the shaft. The signal obtained
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was fed to an rpm meter giving an analogue indication of speed whilst

a parallel ponnection to the frequency response analyser enabled

frequency measurement to * 1 rpm. Some instability of the speed of the

drive motor meant that the excitation frequency could be guaranteed to
only *

15 rpm however, for the time interval containing one set of

vibration measurements. This is still to 3.8% of the lowest excitation

frequency used however (400 rpm).

7.7 Excitation Force

This was determined by the amount of out of balance of the excitation
shaft and by its speed of rotation. The unbalance moment was calculated,
using component dimensions, to an estimated accuracy of 0.5%. For a
measurement of shaft speed to 15 rpm, this means that the applied force
was known to * 8.3% for the 1owe§t excitation frequency (400 rpm) and

to * 2% for the highest excitation frequency (2100 rpm) .

7.8 Sensitivity of the Displacement Transducers

These were calibrated statically and dynamically (see section 6.9) by
measuring movement of the target material with a micrometer and measur-
ing the probe output voltage with a digital voltmeter. The micrometer
could be read to ¥ 3 um and the voltmeter was accurate to 1 mV.

‘Typically, a movement of the target material by 250 um changed the

millivoltmeter reading by 215 mV. This meant that sensitivity could be

measured to 1.7%.

Zero drift and change of sensitivity with ambient temperature were

assumed to be insignificantly small for the working range. This

assumption was based on experience gained with similar transducers prior

to the work described in this thesis.

Linearity of each transducer was noted during the calibration procedure

and was found to be to + 5% over the working range, in the worst instance.
w
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7.9 Phase Measurement

The specification of the frequency response analyser used to measure

phase stated on accuracy of * 1°

The analyser was normally used to
measure signals of larger amplitude than were encountered during the
work described in this thesis however, and it was estimated that the
real accuracy of phase measurements during testiné, because of the small
signals encountered, was closer to i 5°, indeed it can be seen from the
polar plots of measured amplitude and phase in chapter 6 that the
standard deviation of phase measurements is significantly greater at
‘low excitation frequencies when the measured vibration amplitude is low.
Phase measurement was referenced to a signal pulse corresponding to the
passing of the inductive proximity probe by a bolt head on the
excitation shaft. An allowaﬁce had to be made for the fact that the
signel pulse began at some time before the centre of the bolt head
coincided with the centre of the probe. It was estimated that the value
required to allow for this could be measured, using an oscilloscope to

display the signal, to an accuracy of £ 4°, so that the nett accuracy

. o
of phase measurements was to £ 9

7.10 Pedestal Vibration Measurements

Each velocity probe installed on the test rig to measure pedestal

vibration in space, was calibrated beforehand over the working frequency

It was found that each probe had a natural frequency that

range.
affected the probe output signal amplitude, for a considerable part of
the frequency range, with a corresponding highly non-linear output with

variation in frequency for a given vibration amplitude. (The vibration

amplitude was measured with an jnductive proximity probe of known

sensgitivity.) In an attempt te combat the non-linearity bearing

testing was conducted at several specific excitation frequencies and
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and for each frequency a different copy of probe sensitivities was

loaded into the data logger.

Pedestal vibration measurement was further complicated by the fact that
velocity probes mounted on the same surface of the pedestal but at
different axial positions were found to indicate different pedestal

amplitudes and phases. In these instances, mean vector readings were

used to determine bearing coefficients.

The net error in pedestal vibration was judged to be of the order of
+ 10% for amplitude and 20 percent for phase in' the worst instances.

effect of these inaccuracies on the measurement of the bearing

coefficients was not found to be significant however.

7.11 Measured 0il Film Force Coefficients

The most significant measured variables as far as the determination of
the oil film force coefficients is concerned are dynamic force magnitude,
vibration amplitude; excitation frequency and phase lag angle. The
accuracies to which these values are known has been discussed in the
previous sections of this chapter and their effect on the measured oil
film force coefficients was determined by using some typical test

result datab to dete?mine 0il film coefficients using the computer

program in appendix AIV, and then re-running the program with the

appropriate percentage changes in the measured variables. The original

data was selected to give the largest change in the measured

coefficients, ie the worst possible instance. This was with low

frequencies when the original phase lag angle is small, such that any

change of phase angle would represent the maximum change of out of phase

stiffness.

By using the computer program in this way, to determine the accuracy of

the measuréd oil film force coefficients it was possible to take into

account the effeéts~of cross-coupling and errors of pedestal vibration
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measurements. It was concluded that any particular stiffness could

pe measured to within 18% of the net oil film dynamic stiffness in the
worst iﬁstance; Althoﬁgh this valué would appear to be large, it will
be rémémbéred thét tﬁé ch;néés ;f répeétedly measuring the appropriate
vvariableé as~inaecurate1y as pés;iblé would be remote, and that the

mean meaéuréd vélues of thé 0il film forcé coefficients are likely to

be much closer to the actual wvalues.
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CHAPTER EIGHT

DISCUSSION OF THE THEORETICAL AND EXPERIMENTAL RESULTS

8.1 Static Characteristics of the Journal Bearing

The only static characteristic of the journal bearing that has been
jnvestigated is the locus of the shaft centre for variation of Sommerfeld
number. This was noted and compared with the theoretical prediction and
found to give extremely good correlétion, see figures 6.1 and 6.2. In
figure 6.2, point A represents the centre of the test journal at zero
speed, and point B the same centre for operétion at very high speed with
negligible static load (a condition which few bearings ever operate
under). The locus of the shaft centre is an arc of the shape shown in
figure 6.2, For any particular operating conditions the eccentricity
ratio and attitude angle are determined by the dimensionless group UN/p”.
For'u.and N large or for p~ very small the eccentricity ratio would

tend towards zero. For very small values of the group UN/p~ however,

the eccentricity ratio would be very large and metal to metal contact

would occur under extreme conditions.

The correlation between experiment and theory obtained was taken to be
an indication that the journal bearing was operating normally. It was
assumed that had there been any significant malfunction, eg misalignment

or film cavitation, then this would have manifested itself, to some

extent, in a departure of the experimental shaft locus from the well
’

established theoretical shaft locus (references (6),(7),(9) and (10)

being some of the authors that have investigated the steady state shaft

locus of journal bearings) .

This investigation also served to confirm the bearing clearances that

had been measured on assembly (since 2 different locus would have been

obtained for a different pbearing clearance) and, more importantly, the
ain
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steady-state minimum 0il film clearance that would exist during dynamic

testing (once a particular Sommerfeld number had been selected under

which dynamic testing was to be carried out). The latter was particularly

important since it helped to establish a safe limit that could be
imposed on the maximum vibration amplitudes that could be endured without
risking surface to surface contact in the journal bearing bush. The
position C on the curve of figure 6.2 represents the operating position

at which the dynamic testing on the bearing was carried out.

. Knowledge of the journal bearing static characteristics was also
necessary in order to predict the static characteristics of the combined
hydrostatic and journal bearings. Although the relationship betwéen

the two is a straightforward addition of the displacements apparent in
the journal and hydrostatic bearings, it was desired that this be

confirmed.

8.2 Dynamic 0il Film Coefficients for the Journal Bearing

The dynamic oil film coefficients for the journal bearing were required
in order to determine the theoretical dynamic oil film coefficients for

the combined hydrostatic and journal bearing. They were to be used,
then, to demonstrate the accuracy of the theoretical approach to

predicting the dynamic behaviour of the combined bearing. The measured

bearing coefficients were accepted at their face value (except for the

'smoothed' curves drawn through the plotted points of figures 6.5 to

6.12) without being compared to theoretical predictions. Theory

suitable for predicting journal bearing dynamic oil film coefficients is

already well developed, for example references (6),(7) and (9) and the

author therefore considers that its further development does not

constitute a necessary part of the work described in this thesis.

Note that the journal bearing coefficients as measured are effective for
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the particular bearing arrangement of the test rig, and for the parti-
cular vibration amplitudes and frequencies examined and would probably

not agree exactly with those predicted by linear theory. This is

because by representing the journal bearing oil film by eight coefficients
the assumption has been made that a linear dependence on frequency and
amplitude is the case (this, of course, is true iﬁ the limit of very

small amplitudes but for larger amplitudes the oil film is non-linear).
Indeed, the apparent variation of the bearing coefficients with

frequency, as measured, may well be symptomatic of the non-linearity.

Note also that in the analytical model discussed in section 4.2, the
oil film was given zero mass and to this end the bearing dynamic oil
f£ilm coefficients as measured ignore the fact that oil does have mass.
It may also be, then, that soﬁe of the variation of the oil coefficients
as measured, is in fact attributable to the oil film inertia and not
entirely to oil film non-linearity. The oil film inertia would become
more significant at higher excitation frequencies since it would have to

vibrate faster and would therefore require larger accelerating forces.

8.3 Static Characteristics of the Hydrostatic Bearing

Theoretical results for the test hydrostatic bearing bush were obtained

from a computer program which was based on the theory described in

sections 3.1 to 3.3. This section discusses the static characteristics

" of the hydrostatic pearing bush and their implications as far as the

design of the bush is concerned.

The theoretical static characteristics of the hydrostatic bearing bush

are shown in figures 6.13, 6.15 and 6.17. Under most operating conditions

the floating ring will have zero horizontal displacement and hence only

theoretical results for that case are discussed below. Because of the

symmetry of the pearing these results are the same as those for zero
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vertical displacement. Figure €.13 shows the variation of vertical
displacement of the floating ring relative to the hydrostatic bush with
applied vertical load, for various values of operating parameter B (B

being common for all hydrostatic bearing pads in the bush, for this

particular case). For the zero displacement position the supported load

ig zero, whatever the value of B. Away from the zero displacement
position, howeyer, the loads for different B values rise with different
gradients to different maximum values. Note that for low values of B
the maximum load supported (at the maximum displacement) takes a higher
value than for high B values. This is because, at the maximum displace-
ment, downwards for example, the bottom hydrostatic bearing pad will
have a film clearance tending to zero (we will not consider the case of
zero film thickness because that implies surface to surface contact in
the bearing in which case all loading is not necessarily transmitted by
the'oil film) and then the bearing pocket o0il pressure tends to the
supply pressure because the flow resistance across the bearing land will
tend to infinity. This is the case with the bottom bearing pad for all
values of B. For the top pearing pad, however, the smaller B is, the
smaller the top bearing pocket oil pressure is, and so the downward
force applied directly to the floating ring by the top pad is smaller.
This means that the external downward load that can be applied to the
ecause the gross 1oad on the bottom bearing pad

bearing is larger b

comprises that provided by the top pad plus the external loading.

Similarly, for high g values, the load carried by the bearing bush as a
?

whole is smaller.

More local to the zero displacement position, curves for values of B

close to 0.5 have the steepest gradient. This is because { close to 0.5

necessarily implies that the flow resistance over the bearing lands has

a value close to that through the capillary restrictors, and so any
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change of film Clearance.resulting from displacement of the floating
ring, significantly affects the hydrostatic bearing pocket pressure and
hence the load transmitted by the bearing pad. This is not the case

for high B values where the flow resistance over the bearing lands is
already large, and most of the pressure drop already occurs here and

not across the capillary. Neither is it the case. for small B values
where most of @he pressure drop occurs across the capillary, and changes

in the resistance to flow across the lands do not significantly affect

the total flow resistance.

In designing a hydrostatic bearing bush to be used on a generator set,
selection of the B value would depend on two considerations. Namely, the
maximum static load that is likely to be applied to the bearing and the
accuracy to which that load can be predicted. The designer would aim
to operate on a section of the curve showing a steep gradient such that
any départure of the load from the design load would not result in too
significant a change in film clearances at the bearing pads. Typically,
B = 0.5 is a value used in the design of hydrostatic bearings generally.
This value is often chosen because it gives a more or less constant
static stiffness (ie gradient of the load versus displacement curve) in
the operating region (up to about 50 um for the.curve on figure 6.13).

Figure 6.13 shows, however, that if the load on the bearing is likely

to be such that displacement takes a non-zero value, or cannot be

predicted accurately then there is an argument for selecting a different

B value, say B = 0.175 on figure 6.13 which for a static load of about
, .

10 kN would result in a more or less constant static stiffness if this

load was known only to within + 6 kN. Furthermore, this stiffness is

higher than that for B = 0.5. Generally then the £ value selected will

lie within the range 0.15 < B < 0.5.

It is relevant at this stage to discuss the potential significance of
s



- 175 -

ini . i |
machining 1paccuracies as far as the hydrostatic bearing static

aracteristics _
ch . § are concerned. Such inaccuracies are particularly

gignificant Vhén the nominal design clearance is small (of the order

of 125 um or 0.005") such that a tolerance of say 12.5 um (0.0005")
would result in a significant change in the resistance to oil flow over
the bearing lands (remembering that flow resistance is inversely
proportional to the cube of the‘clearance), Such a machining inaccuracy
is likely to significantly affect the effective B value at which the
bearing operates. Note that with lower 8 values being more desirable
than higher B values, because of the points raised in the previous
paragraph, it is better to oversize the bearing clearances rather than to
undersize them, giving a higher maximum static load and the probability

of a higher static stiffness.

Having decided upon the 8 value required, the designers next task is
that of selecting the required oil supply pressure. This is related to
the size of the ﬁydrostatic bearings pads by the load carrying require-
ments; Normally; a particular supply pressure will be convenient or
alternatively the size of the hydrostatic pads will be restricted by the

available space and supply pressure will be selected to suit.

Note that the hydrostatic bearing could have been designed to operate

with no displacement of the floating ring from its concentric position

when the typical specific load is applied, but this would have meant a

negative (i.e. upwards) displacement for smaller downward loads on the

-

test bearing. This modification could have been brought about by, for

example, applying a smaller oil supply pressure to the top hydrostatic

bearing pad at the expense of total support stiffness for the floating

ring in the vertical direction. Obyiously such a design modification 1is

of little, if any advantage for a test bearing of this nature, but may
y ]

be considered when the static load is constant, as i<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>